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The necessity to develop an automated process for the design of micro-hydro power 
systems was based on the increasing demand for hydropower as a renewable energy 
source and to develop cost effective power supplies to rural areas. The application of the 
formula for the design of these systems is then to simplify the selection of the turbine 
sizing and is made possible by the similarity laws that exist within turbine and pump 
families. Ln addition the sizing of the supply and exhaust piping is also a matter of 
scaling. No selection process of turbine type is included due to the limitations of cost 
effectiveness and the category of size into which the turbine was specified. Furthennore. 
a new approach to turbine design was separately undertaken to satisfy low head and low 
flow-mle conditions. However, it was only designed up to a cost analysis with no 
manufacturing having been undertaken. 
The axiaJ flow turbine. which was most suited for micro-hydro was designed and built as 
a prototype with a standardized mounting frame. The initiaJ conditions used to generare 
the velocity vectors and angles were specific to the installation site and used to 
computation ally generate the rotor and stator blades. This required an analysis of the 
different profiles avai1able as well as research into their design. Once the blade profi le 
stacking had been determined, this was translated into a software program that developed 
the blades from site-specific initial conditions. However, the design of the blades was 
interdependent on the dimensioning of the rest of the turbine components and des ign ing 
these in parallel proved to be an intricate task. With the design complete, the turbine was 
then installed and testing proceeded with the use of pressure gauges and the results of 
torque and rpm obtained from a dynamometer. Analysis of the results was undertaken 
and presented in graphical format with comments on both the design and resulls . 
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c = length of chord of airfoil blade [m] 
LlCw = change in tangential component [ms·l ] 
CD = Coefficient of drag 
CL = Coefficient of lift 
C, = coefficient of drag of the reference area ( 2 
D h. D I = hub and tip diameters respectively [m) 
Ell 8 = grade of plain carbon steel 
H = H ne!! [m] 
hp.) = head loss between points 2 and 3 [m] 
ilL = head loss summed across the stator and rotor [m] 
1;1 = mass flow rate [kgS·I) 
M ; moment [Nm) 
M, ; torque [N m) 
Ils• N s = specific speed 
P = power [kW, W) 
P2 = pressure at point 2. [kPa) 
P3 = pressure at point 3, [kPa) 
P.C.D. = pitch diameter 
PII = hydraulic power [kW) {based on m*U b *C w} 
Q = volume flow rate (m 3S·I] 
Rt = Reynolds Number 
RF = reserve factor 
St = endurance strength [MPa] 
Su = ultimate tensile strength [MPa) 
Sy = yield strength [MPa) 
T; torque produced [Nm) 
~ 
V = cross sectional average velocity vector with magnitude U 
Vb = tangential velocity of blade (ms· l ] 
V2 = water velocity at point 2, [ms·2] 
Vj = water velocity at point 3, [ms·2] 
VA, ex = axial velocity [ms· l ] 
Vobs = absolute velocity component (ms· l ] 
V rtl = relati ve velocity component [ms· l ] 
V/(IIt = tangential component [ms· l ] 
Z2 = elevation of point 2 above the reference datum. [m] 
Z3 = elevation of point 3 above the reference datum, [m] 
Greek 
al = angle of blade @ stator absolute outlet [degrees] 
a2 =angle of blade @ rotor absolute outlet [degrees] 
PI = angle of stator relative outlet ve locity [degrees] 
P2 = angle of rotor re lati ve outlet velocity [degrees] 
Y= specifi c weight of water. [kgm·3] 
x 
p = dens ity [kgm-3) 
CJ= cavi tation coefficient 
O"ail = alternating stress [M.Pa] 
Oi/l = mean stress [MPa] 
co = fads·1 
Subscripts 
ahs ;;; absolute 
rei:;; relative 
lall = tangential 




From the increase in rural settlements has ansen the need for the development of 
structured grids providing water and electricity. The development of the automation of a 
water turbine designing process may serve to facilitate such urbanization. The advantage 
of drawing power from a hydroelectric turbine over lypical grids is the reduction in the 
cost of power and the fac t that it serves as a renewable energy source. Considering the 
initial cost of installation can be recovered after a period of approximately 3 years, the 
cost of maintaining the turbine thereafter provides power at a very cost-effective level. 
The power output of the turbine is limited by the avai lable flow rate of water measured 
against its potential energy gradient and micro-hydro is typically in the power range of 0-
IOOkW. Its applications can be extended from supplying electricity. to irrigation and 
further to simply pump water to areas not in the immediate vicinity of a river. 
Applications such as irrigation and water supply are currently the most suitable since the 
supply of electricity in the form of 50Hz, 220V AC requires that the turbine be governed; 
a techn.ical chal lenge which has yet to be overcome at a level appropriate to rural 
communities. Governing of the electricity generated may take the form of simple bob 
weight mechanical controllers or by creating a DC vollage buffer and then convening to 
AC as is applied for wind power generators. Variation in the power output is caused by 
the change in the flow rate of the supply to the turbine and furthermore the change in load 
introduces severe transients. 
The selection of the axial flow propeller turbine in the current research was a decision 
based first ly on; application, cost effectiveness. low maintenance and the ability to 
standardize the working components were also considered. The automation of the design 
process is governed primari ly by the simi larity laws pertaining to turbines. These laws 
allow the tu rbine to be scaled and have, in the past, applied mostly to prototyping. Using 
the site conditions as the design criteria, it is possible to build a turbine that is directly 
suited to a particular combination of head and fl ow rate. 
The turbine was designed with fixed blades, the angles of which were to be specified by a 
program incorporating the initial conditions at the point of maximum efficiency. 
Therefore the fixed blade design does not accommodate any changes in flow condi tions, 
which result in inefficient operation and a consequential decrease in the power output 
from the optimum. The design of the blade profi le was adapted from airfoi l predictions as 
app lied to hydrofoi l applications where consideration was given to the opt imum ratio of 
drag (Q lift coefficients. The logistics of the supply piping used by the research turbine 
has been determined external to the scope of the project, where a cost analysis is provided 
weighing up the cost of piping versus the power developed by the flow. This is necessary 
since the pipe diameter is critical in determining the friction losses associated with the 
velocity, which causes a decrease in the total pressure driving the turbine. The selection 
of suitable irrigation or reservoir pumps can then be tailored to the mechanical output of 
the turbine and its del ivery piping designed according to the aforementioned dissertation. 
Coupling these designs together in a single program relating the turbine sizing to both the 
supply and delivery piping as well as the pump or generator selection shall prove to be a 
powerful tool enabling fast efficient implementation of hydropower systems. 
The first sites to be exploited are those in which at least one of the entities of flow rate or 
pressure head has to be significant to provide the energy for the turbine. The author also 
considered a particular site where both a low flow rate and a low-pressure head existed, 
with a shallow river depth over a wide area. Hence the author designed a unique turbine 
that recovered energy from negligible head by rely on a large swept area. Although it was 
intended that it be built, the design was not pursued past a cost analysis. 
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2.1 Hydrodynamic Drag 
2.1.1 Skin Friction 
CHAPTER 2 
LITERATURE REVIEW 
There is basically very little conceptual difference between water and air when it comes 
to fricti onal drag, i f using the non-dimensional formulation of drag coefficient Cf as a 
function of the Reynolds Number in the following equations. Hoerner (1965). 
log ( Re, Cr) = 0.242 '" Cr & C, = C ri ( I + 3.59,j Cr) (2.1. I) 
A simpli fyi ng formula approximating this one to within ± 2% is: 
(2.1. 2) 
'0' 
Figure 2.1. 1 Average or total skin friction coefficient in air and in water, Hocrncr (1965) 
2.1.2 Critical Reynolds Number 
Disregarding forced stimulation of turbulence, there appears to be some systematic 
difference in the transition ReynoJds numbers as found in water and in air. The plot of the 
Reynolds Number against the cri tical speed V crit. Figure 2.1. 2 shows that the critical 
number in water is approximately half that of air. 
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This was claimed to be accounted for in the turbulence effect, where turbulence was 
predominant in experiments in water, whereas the same sphere I cylinder, tested in air, 
displayed laminae flow up to much higher Reynolds Numbers. The turbu lence effect also 
caused a shift of the drag coefficient plolled against Reynolds Number of the order of 1:2, 
when measured on the 00 12 foil section. 
2,1.3 Surface Roughness 
The influence of surface roughness on IUrbulent skin frict ion drag occurs only at critical 
Reynolds numbers, where the coefficient of roughness is defined according to the grai n 
size. Since the turbine blade surfaces under current research are typicalJy finished with a 
smooth surface and shape, the effect of surface roughness will be minirrtised. 
2.1.4 Pressure Drag 
Figure 2.1. 3 shows the influence of the shape of the body profile on the coefficient of 
pressure drag C D. The coefficients shown can be considered to be comparatively constant 
wi th regards to the Reynolds Number. The implication of the relationship of the profile 
4 
geometry to the coefficient of drag was used in the shape conceptualisation in the initial 
stages of design. 





" -::; •• z 
0 











.. ' --:: .' . 
Figure 2.1. 3 Drag of various shapes in 2-D flow towed in water, Hoerncr 1965 
2.1.5 Drag Characteristics in Cavitating Flow 
Cavi tation is a mechanism whereby vaporisation occurs about microscopic nuclei existent 
in the flow medium. Vaporisation usually occurs at the vapour pressure, which is a 
function of the temperature due to the saturation of its volume percentage of air. The 
existence of cavitation causes a restriction in the speed up to which the flow in water can 
be expected to be identical to that about a similar body in an air stream. Above a certain 
cri tical speed, the mechanism referred to as cavitation becomes evident. Only two 
characteristics of this mechanism can be predicted: the critical speed and/or pressure at 
which cavitation starts and the drag of bodies in the final phase of full cavitation. 
2,2 Airfoil Data for Blade Design 
2.2.1 Types of AirfoH Section 
The inclusion of camber into the mean line allows for greater working loads to be 
obtai ned by the blades_ The streamlining of the mean line is then a function of~ 
a) 11 c 
b) Xl /c /c 
c) leading edge radius 
where [ I ] is the maximum thickness of the section normal to the camber line, [ c ] is the 
airfoi l chord and x I I c is the distance from the leading edge to the point of maximum 
thickness. 
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Small leading edge radii produce large local flow accelerations when the airfoi l is at 
workable incidences because of the resultant change in attitude of the profile. The flow 
that develops downstream of this accelerated flow can be subject to separation. 
2.2.2 Lift 
An increase in the angle of incidence of the blade within the flow increases the flow 
velocity at any point along the top surface while the opposite is true for the lower surface. 
Bernoulli 's equation implies that these velocity changes give decreasing and increasing 
static pressures on the upper and lower surfaces respectively. The resultant pressure 
difference determines the lifting force acting on the airfoil. 
The lift coefficient is given by the equation: c _ L 
L - (1/2)pU~A 
(2.2. I) 
2.2.3 Pitching moment 
The local ity in which the resultant lift force acts is generally between the 25% and 50% 
chord positions, depending largely on the amount of camber in the airfoil. 
2.2.4 Drag 
Skin friction and pressure forces are the cause of profile drag. On a blade of finite span, 
the air tends to flow from the high-pressure region on the lower side around the extreme 
tip to the low-pressure region on the upper side. This introduces a span-wise ve locity 
component that produces turbulence at the tip of the blade called tip vortex. The 
momentum loss caused by tip vortex flow is known as the induced drag. 
2.2.5 Flow Deflection in Cascade Airfoils 
An important feature of rotor or stator blade design is the properties of the flow-
deflection of a cascade of airfoils. By simple momentum losses the deflection angles can 
be related to the lift coefficient of the blades. For incompressible, two-dimensional flow, 
the axial velocity component normal to the cascade must remain constant in order to 
satisfy continuity. In the Figure 2.2.1. the velocily component parallel 10 Ihe cascade has 
been reduced by the deflecting airfoiis, this reduction involves a rate of change of 









Figure 2.2. 1 Velocity Vector addition 
Due to the decrease of the flow velocity from V I to V2. there is a corresponding increase 
in the static pressure related by Bemoulli's equation. This pressure produces a force 
normal to the cascade. Then assuming that there is no loss in total head through the blade 
row allows for the determination of the normal force [N.F.]. 
Hence we can arrive at the solutions: 
T.F.= psU'(tana, -tan a,) 
N.F. = s(p, - p,) = s(I/2)p(V,' - V,' ) 




The above assumption that the total head remains constant implies that the fluid is an 
ideal inviscid fluid and hence there is no drag acting on the airfoils. The force must then 
be equal IQ the resultant force and therefore act at right angles to the mean vector. The lift 
can then be written: 
(2.2. 5) 
Taking the component of lift parallel to the cascade and equating to T.F.: 
CL =2(s/c)cosa.{tana, -tan a , ) (2.2.6) 
2.2.6 Flow Deflection in Fan Blades 
A stage of rotor or stator blades is essentially a circular cascade of airfoils. In spite of the 
fact that the volume of fl ow deflection wi ll usually vary along the span of the blade, the 
7 
conditions at a given radial position can be determined from two-dimensional test data 
for the particular airfoil section. This independence of a blade section with respect to a 
neighbouring section of the same blade has long been recognised theoretically and 
experimentally. 
Airfoil characteristics are available in two general classes, isolated or free airfoil data and 
cascade airfoil data. The first type of data are obtained from wind tunnel tests performed 
on a single airfoil whilst the second type of data are obtained from tests on airfoi l 
performance in a cascade testing tunnel. This produces to two methods by which the 
design process may be implemented: 
isolated airfoil method 
cascade airfoil method 
The first method utilises lift data in design, whilst the second is based on flow deflection. 
In tenns of this relationship between lift and deflection, the distinction between the two 
methods is essentially unimportant. Thus it is possible to apply the data of isolated 
airfoils to the application of cascade airfoils. This will have varying effect on the turbine 
blades as one looks radially outward, since the blade spacing changes with radius. 
2.2.7 Isolated Airfoil Data 
Figure 2.2. 2 shows an example of the variation 10 camber for a profile having a 
maximum (tIc) ratio of 0.02. The test was performed at a Reynolds number of 
approx.imately 3xl0 5 . 
Variation of Camber: at Re == 3 xIO 5, {tlc) =0.02. 
As the camber is increased from 2% to 10%, the coefficient of lift CL increases by 
approximately )00%. The increase in lift is accompanied by an increase in the optimum 
angle of incidence. The reason for this is the angle of incidence being maintained at zero, 
which produces the minimum of shock losses. As the camber is increased the profile drag 
increases due to the increase in frontal surface area. This is true for low ( Re == 3 * 10s ) 
and medium (Re == 6 * 105 ) Reynolds numbers. 
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Figure 2.2. 2 Lift chuDcteristics of cambered plates (t/c=O.02), Re-3x l05, Wallis (1983) 
The relationship between these two quantities, the lift and drag coefficients. is the method 
used to determine the curvature of the camber. The curves of CL I CDP show an overall 
increase in value as the camber is increased for both of the above-mentioned Reynold's 
numbers, for the given thickness distributjon. 
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2.2.8 Cascade Airfoil Data 
After many tests were performed on airfoi ls with different mean-line camber and 
thickness distribution, it was found that a combination of the basic streamline shape, C4• 
with a circular arc camber line produced a very satisfactory blade section. Flow 
deflections are, within reason, assumed to be independent of the streamJined shape 
adopted, hence the most important feature of the airfoil is the camber line, seen typically 
in Figure 2.2. 3. 
v' C· --'-~ --
C4 (aAa,c)-,ol THICK 
~~~' ===:-:-::: ~~----.~ e. (e-.o") 
Figure 2.2. 3 Example of the cascade airfoil dcsign method. Wallis (1983) 
2.2.9 Effect of Reynold's Number on Airfoil Data 
Airfoil lift and drag force data are usuaJly presented as functions of the chord Reynold 's 
number. From Figure 2.2. 4 it will be seen that the major effects of Reynold 's number are 
confined to the profiles of higher incidence, where flow separation begins to take place. 
Furthermore, the separation of the boundary layer on the suction surface increases the 
frontal area of the profile, causing higher losses. This disproportionate ly alters the lift / 
drag re lationship. 
It is not possible to assume that the lift / drag relationship will yield an entirely accurate 
fan design Reynold's number since the boundary layer growth on an airfoi l is also 
affected by the surface roughness and free-stream turbulence which cannot be pract ically 
accounted for in theory. But the changes in the lift and drag caused by these factors are 
not sufficient to cause difficulties in blade design difficulties. 
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Figure 2.2. 4 Airfoil Cha racteristics, Wallis (1983) 
2.3 Fundamentals of Hydraulics 
2.3.1 Introduction 
The development of airfoil blade design for turbines has provided a new method of 
solution in comparison to that of momentum blade design. For the design in which the 
passage between the blades is wide when compared with the length of the blade, the 
airfoi l method yields the more accurate results. In fact if the blades are relatively far 
apart, it is not possible to obtain a solution using the momentum theory method. 
I I 
----.. ~~~-~-------------------(l 
Figure 2.3. J Cross Section of Blade 
2.3.2 The pressure distribution 
Most of the lift force can be attributed to the negative pressure on the upper face. The 
inclination of the chord to the direction of the motion of the airfoil is known as the angle 
of incidence or the angle of attack. By varying this angle the values of lift and drag are 
also varied. The position of the centre of pressure of the airfoil is significant in the design 
process and its point of application is at the resultant force P, which varies with the angle 
of incidence. 
2.3.3 Airfoil Characteristics 
The primary characteristics of the airfoil are the values of the coefficients CL. Co & Cp. 
These values all vary with 0., the angle of incidence, and are determined from wind 
tunnel tests. The lift to drag ratio, (LjD), is plotted against (l with the position of the 
centre of pressure. as a fraction of the chord from the leading edge, and against values of 
CL. Co. The point at which the (L/ D) ratio is a maximum determines the most efficient 
value of (l. Note that as (l is increased the Cp moves toward the leading edge. (This may 
or may not be specific for the particular blade shape) 
2.3.4 Airfoil blade design methods for turbines 
There ex ists two methods of solving for blade shaping: 
Momentum blading: 





This is the application of the equations: L = CL ApV 2 , D = C DApV 2. using these 
values to find the work required to overcome drag. But in order to apply this 
method it is necessary to ftrst determine the characteristic curves of the blade. 
When the blade design is based on the airfoil theory, the blades are shaped according to a 
suitable airfo il profile instead of the concave circular section. In certain types of turbines. 
the airfoil design method is more efficient than the momentum method because of the 
wider passage between the blades, since the broader passage produces less friction drag. 
If there is no interference with the fluid through which it flows, the airfoil will yield 
maximum lift. Hence the airfoil-designed blades of a turbine must be spaced such that 
there is no interference between adjacent blades. However. if the blades are spaced too 
far apart, a portion of the fluid stream may flow freely between them without doing any 
work. wasting energy. The exact spacing of the blades to satisfy both of these conditions 
can only be obtained from tests. 
Another factor to consider in view of the airfoil design is the effect of the suction on the 
upper surface of the blade. If this negative pressure becomes too large. cavitation will 
occur, particularly in water turbines, thus interfering with the fluid stream. This will 
reduce the force on the blade and its efficiency. 
2.3.5 Minimum spacing of airfoil blades 
The criterion for the type of blade for a turbine is specified by the pitch-chord ratio of the 
blades. If the blades are relatively close together, the passage of the fluid follows that of a 
curved jet and the resultant force on the blade is then determined from the rate of change 
of momentum of the jet. 
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If the pitch-chord ratio is large, the path of the fluid between them cannot be assumed to 
be a curved jet. The blades then tend to act as ai rfoils in a fluid stream, and the work done 







Figure 2.3. 2 Profile Velocities 
2.3.6 Work done on airfoil blades 
The water enters from the guide blade at an angle J.1 and with velocity V. The airfoil blade 
is moving at velocity Ub> generating the relative velocity Vr with direction 9. The airfoil 
chord must be sloped at an angle of 9 - a to the direction of the blades' motion, where a. 
is the best angle of incidence for the airfoil section used. 
Let : S = length of span of airfoil blade [m] 
Then: A = c • S [m' ] 
r = mean radius of blade circle 
N = total number of blades on the runner 
H = total head of water suppljed 
Vb = mean blade velocity = UT 
Then: L = C,pAv~/2 
D =CDPAV; 






= tangential force on the blade 
W = FvN 
= work done on the turbine per second 
Q = net axial area of flow XV, :;;;; k27CrSVf 
:;;;; quantity of water used per second 
FvN 
T/ = rd2H 
:;;;; work done per second / energy supplied per second 
:;;;; theoretical efficiency of the turbine 
where: k = blade area coefficient 




In designing the blade the values of Q & H are known. The rotor and stator radii. speed 
and angle are chosen from previous experience. Then it is possible to determine: 
v - Q 
f - k2mS 
(2.3.9) 
Using the above value, it is now possible to determine the velocity diagram from which 
the values V rand j.l can be obtained. 
2.3.7 Effect of blade pitch on Lift and Drag 
It was determined from experiment that the lift coefficient decreases with a decrease in 
the blade pitch. The drag coefficient also decreases with a decrease in the blade pitch. 
These phenomena are seen in Figure 2.4.3. 
It was also determined that the fluid, passing over the blades, loses velocity and pressure 
in overcoming the drag. As the values of CL & Co depend on the pitch to chord ratio of 
the blade, it is possible to obtain an approximate value of these coefficients from the 
results of a test on an isolated airfoil. These values can then simply be added together 
according to the number of blades of the stator and the rotor. However, it must be borne 
in mind, that these values are dependant on the specific blade shape. and the losses will 
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vary according lO the value of camber, thickness and nose and (ail radii However, typical 
values are shown in the following figures: 
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Figure 2.3. 3 Coefficients of drag and lift vs angle of attack, Lewitt (1932) 
2.4 Axial Flow Turbines 
2.4.1 Propeller turbines 
Figure 2.4. 1 C ross-sectional view of propellcr turbinc, Wantick (1984) 
$0 
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The flow direction for the majority of propeller turbines is axial in nature, typically 
paralle l to the axis of rotation of the turbine shaft. Many of the early developments of 
axial flow turbines made use of the vertically orientated shaft with the more recent 
designs utilising the horizontal shaft. There are two characteristics of the axial flow 
turbine that further divide the family of the des ign. These are namely the fixed-blade and 
the adjustable blade turbines (named the Kaplan turbine after Victor Kaplan), the 
advantage of the adjustable blade being capable of a wider range of efficiency than that 
of the fixed-blade due its ability to adjust to the variation in flow conditions. 
Table 2.4. I Turbine Constants, Warnick (1984) 
Parameter Designation Formula 
Speed ratio - -
Unit speed <4d OlD 
~d = (g' H)o> 
Unit discharge Q ,d 
Q ~d = 
Q 
D' (g ' H )o> 
Discharge coefficient Q", Q 
Q", = - -, 
OlD 
Unit torque T ,d T 
T~d = 
p'D' gH 
Torque coefficient T", T 
T", -
- p'oiDs 
Energy coefficient E"" g'H 
Eoxi = (OlD) ' 




Power coefficient Prod p 
P", = 
p'm3 DS 
Specific speed ro, 0)/:2'> 
<4= (g' H)o." 




2.4.2 Turbine constants and empirical equations 
Each family of turbine has its particular design based on the laws of similarity. which 
allow the turbine to be designed from standardised curves. These curves are known as the 
Hill Curves, Warnick (1984), and are based on (he non-dimensionalised constants, which 
define the respective turbine characteristics. These figures are shown in Table 2.4. 1 and 
once calculated could be applied to determine the practicality of the turbine design. The 
non-dimensionalised values are based on the more common parameters of head, speed 
and power output. The Hill curves, Warnick ( 1984), shown below in Figure 2.4.2 have as 
their variables the coefficients of: 
QWd = discharge coefficient; 
EWd = energy coefficient; 
PWd = power coefficient. 
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Figure 2.4. 2 Typical turbine Hill Curve, Wnrruck (1984) 
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Plotting the discharge coefficient against the energy coefficient yields the contour map of 
lines of equal power coefficient. Superimposed on these Lines are lines of equal turbine 
efficiency, which correspond lO the simultaneous values of Qraf & E(ill, as well as the 
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corresponding values of the gate openmg. a. The Hill Curves, Warnick (J 984). are 
developed from extensive testing of turbines and due to the nature of turbine similarity. 
these values are used to predict prototype performance. For example. it may be pointed 
out that the energy coefficient. Etal• is directly proportional to the net head H, where D 
and OJ are given. Hence it is possible to use the curves in making final design selections 
from a predetermined performance criterion. 
It has been found that there is no precise relation between the model and its prototype 
when it comes to calculation of the turbine efficiency due to the relative differences in the 
boundary layer conditions of friction and turbulence effects. To attempt 10 correct for 
this, an efficiency step-up equation is normally used, Warnick (1984): 
[ )' 1- 1] D --p- --..!!!... 1-1]. Dp 
where: 17111 = model turbine efficiency; 
17p = prototype turbine efficiency; 
Dm = model turbine diameter; 
Dp = prototype turbine diameter; 
a = set-up coefficient ; 
(2.4. 1) 
Moody (1926) proposed that a = 0.2. Kovalev (1965) proposes that (2.4. 2), Warnick 
(1984) be used for predicting the efficiency of prototype turbines from model turbine 
performance: 
(2.4.2) 
where the coefficients of m & n are determined through the relationship to the 
coefficients used in calculating head losses in the prescribed system. 
However, work by Hunon (1954) and Salami (1969) has determined the efficiency in 
terms of the Reynolds number of the model and prototype for different losses in the 
system. These losses are typically found in the casing, guide vanes, and the draft tube. 
Following is the equation given by Hutton and Salami, Warnick (1984): 
19 
where: K = a coefficient shown to vary between 0.5 to 0.81 
Rm = Reynolds number for the model turbine 
Rp = Reynolds number for the prototype turbine 
2.4.3 Experience Curves 
(2.4. 3) 
In the initial stages of design, it is often required that the parameters of the turbine speed, 
size and power output be determined by the synchronous speed and required power of the 
plant. Extensive experience curves have been developed for this purpose. The specific 
speed of the turbine is a universal number and has therefore been used as the basic 
reference number to which other turbine parameters may be related. The most important 
of these relations is that between the specific speed and the net effective head, h, since the 
most prominent design factor is the avai lable head. Figure 2.4. 3 displays the typical 
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Figure 2.4. 3 Experience curves, Warnick (1984) 
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It is also useful to delermine the Iype of turbine requi red as a function of the particular 
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Figure 2.4. 4 Application ranges for conventional hydraulic turbines, Wa rnick (1984) 
2.4.4 Runner Speed 
The runner speed is usually determined by the speed of the generator that it is to be 
driving. Should it be determined that the turbine be connected direct ly 10 the generator 
then the following equation defines the turbine speed: 
1201 
n=--
N p (2.4.4) 
where: 11 = rotational speed [rpm]; 
f = electrical current frequency, hertz [Hz]; 
Np = number of generator poles; multiples of four are recommended. 
If there exists a variation in net head less than 10%, it is advised that the next greater 
synchronous speed be selected. However, if the net head varies by more than 10%, the 
next lower synchronous speed should be chosen. 
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2.4.5 Runner Diameter 
The diameter of the turbine may also be determined from the empirical re lationships, the 
customary re lation is to (he specific speed of (he turbine. deSiervo and deLava( 1976) 
have developed the foll owing equation for the Francis runner, Warnick ( 1984): 
ffi 
DJ = (26.2+ 0.21 IN.)-
n 
where: DJ = discharge or outlet diameter, m. 
(2.4. 5) 
and for the propeller turbine for which the design is intended, (1977), Warnick (1984): 
ffi 
DM = (66.76+ 0.1 36N.l-
n 
where: DM = outer diameter of propeller, m. 




Figure 2.4. 5 Turbine efficiency variation, Warnick (1984) 
(2.4. 6) 
Figure 2.4. 5 shows the typical variation in turbine efficiencies throughout their typical 
operating range. The results are in some cases specific to a particular installation and may 
appear vague, but they are nevertheless beneficial toward making est imates of select ion 
of parlicu lar units. 
2.4.7 Cavitation and Turbine Setting 
Cavitation may be defined as: ''The formation of voids within a body of moving liquid 
(or around a body moving in a liquid) when the local pressure is lower than the vapour 
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pressure and the particles of liquid fail to adhere to the boundaries of the passageway". 
Warnick (1984). The inability of the particles to adhere to the surface boundaries is a 
condition of the low localised vapour pressure, which is insufficient to overcome the 
force of inenia of the fluid particles as they are accelerated typically about a curved 
surface. A void thus develops containing the vapour of the liquid. Since the inertia of a 
particle is a function of the square of velocity and the higher the velocity, the greater is 
the pressure force required to prevent cavitation, it may be inferred that cavitation is a 
function of three conditions, namely: high velocity flow, low pressures and abrupt 
changes in flow direction. The effect cavitation has on the boundary surfaces is to cause 
pitting, which is the removal of material through the violent collapse of the vapour 
bubbles so formed through cavitation. 
2.4.8 Cavitation Coefficient 
Plant sigma, or cavitation coefficient both describe a turbine constant. The derivation of 
the coeffi cient equation yields an important understanding of the origins of cavitation and 
presents the use of the parameter in terms of selection of turbine setting. 
The equations that formulate the analysis are tbose of Bernoulli , head loss and the orifice 
equation. The typical parameters involved are shown in Figure 2.4. 6. 
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Figure 2.4. 6 Cavitation coefficient parameters, Warnick (1984) 
From this diagram and a Bernoulli analysis between points 2 & 3, Eq (2.4.7) is developed: 
V./ P2 V3
2 
P3 -+-+;:, =-+-+z +h 
2g r 2 g r ' I .. (2.4,7) 
where: r= specific weight of water, [kgm" ]; 
Then writing the equations of continuity for the head loss, the following equations may 
be developed: 
v, = C.J2gh = K • ..Jh (2.4. 8) 
V, = A,V, = A, K,..Jh = K,..Jh 
A) A) 
(2.4.9) 
fL V,:, ..Jh 
hI = = K3 -2dg 2g 
(2.4. 10) 
where: h = net effective head. 
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Substituting these values for V2, V3 and hf in to Eq (2.4.7) and grouping the results, \Vamick 
( 1984): 
The term with al l the constants can then be replaced by the cavitation coefficient: 
K; K~ K) 
<r=- - -- -
2g 2g 2g 
The term ZrZ2 is replaced with: 
and 
PJ = P alm = h 
r r ' 
and as a limit: 
P 2 = P WJf'OI'r prtssu,-e _ h 
r r . 
The resulting convenient equation is: 
h -h,,-h 








where: hs = the difference in the minimum tail water and the cavitation reference point at 
the outflow of the turbine, [m]; 
ha = atmospheric pressure head, (m]; 
hv = vapour pressure head as a function of the water temperature, [m]. 
In practice is should be noted that the term, h, or net effective head is replaced with the 
term called cri tical head, "cr. Furthermore, the head water and forebay waler levels rise 
and faJl, causing adj ustments to the determined values of head and taj! water. T hese 
variarions cause changes in the value of the turbine setting and a degree of compensation 
is requi red for this. 
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Figure 2.4. 7 indicates the uncertainty of the inception of cavitalion. The incept ion of 
cavitation is usuaJ ly defined in terms of a loss in power or an increase in the operating 
noise level. It is also difficult to determine where the cavitation begins, since the vapour 
bubbles may be swept downstream of their origin before they become noticeable. 
Once the level of cavitation has been plotted versus the level of efficiency, the graphs are 
used to determine what the permissible levels of cavitation for the turbine may be. In 
most instances, the level of cavitation in the model turbine is of a higher level than that 
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Figure 2.4. 7 Representative cllvitation coefficient eurves, Wnrnick (1984) 
2.4.9 Control of Cavitation 
The most successful method of controLling turbine cavi tation is through the application of 
turbine selling. where the runner is positioned at a specific height such that the pressure 
and velocity of the critical areas do not produce cavitation. The setting of the turbine is 
however, in some cases, determined by the cost of the project, which is likely Lo increase 
rapidly should the turbine setling require that it be placed below the tail water level. 
Another method of controll ing turbine cavitation is simply to limit the effect of the pitting 
damage, such as increasing the thickness of the materiaJ in the region of the pitting 
damage, or using a harder, more resistant material, or finally coating the material with an 
impact resistant coating. 
26 
The control of cavitation may also be achieved indirectly through design, by pre-selecting 
the speed of the runner. Should the runner diameter be decreased, higher velocities 
through the turbine will occur and subsequently increase the likelihood of cavitation 
inception. In order to compensate for the increased likelihood of cavitation, it would be 
necessary to lower the turbine sening. Hence a balancing of the [Urbine speed and setting 
is paramount. 
Designing the shape of the turbine passages, from the penstock through to the draft tube 
and even for the turbine blade passages, can also affect a significant delay in the 
inception of cavitation. 
2.4.10 Selection of the Turbine Setting 
The primary objective of turbine setting is to determine the vertical distance of the critical 
part of the turbine from the full-load tailwater level. The cavitation coefficient must be 
referred to particular point on the runner. For the case of the Francis runner, it is 
customary to choose the bottom of the runner as the water exits the vanes. For the vertical 
axis propeller turbines, the reference point is the centreline of the blades and for 
horizontal axis turbines the reference point is near the upper tip of the runner blade. 
The manufacturer performs the final selection of the turbine setting in much the same 
way as the selection of the turbine 's size and shape, by using results from model tests. 
The prediction of the turbine setting then is used as an entry-level approximation. It is 
neveltheless useful to determine the turbine setting using the homologous nature of 
turbines and this is achieved from experience curves. As was the case for the 
determination of the turbine parameters, the setting is defined against the specific speed. 
For example, the compilation of the experience curves relates the acceptable level of the 
cavitation coefficient to the specific speed and uses the homologous nature of turbines 
that operate under similar hydraulic conditions, to indicate that they will also have similar 
values of critical runner sigma. Mentioned earlier was the compensation required for the 
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indeterminate value of the head and tail water levels. Figure 2.4. 8 allows for a O.3m 
offset in the turbine settjng which is lower than what is required and will therefore allow 
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Figure 2.4. 8 Cavitation coefficient limits, Warnick (1984) 
Table 2.4. 2 gives an indkation of the relative values of ha and h" as they appear as 
functions of atmospheric pressure or altitude and of the water temperature . 
. -_._.-
Alti tude h, '. ,rn, (nun IIJ<I (." "IUt 
0 760.00 10.351 
5" 7 15.99 9.751 
1.000 6H.07 9.180 
IS"" 634.16 8.637 
2,000 596 .18 8. 120 
2~OO $60.07 1.628 
3,000 S2s.1S 1.160 
3,500 .93.15 6.716 
<,000 462.21 6.295 
W", .. , V(l1'O' " .. UU,.. 
Temp " T.n,p h, ~F) (fl) ("C, ,on, 
" 0.28 , 0.089 " O .~ 1 " 0.12S " ". " 0. 114 10 0.8~ 10 0.239 
80 0.17 " 0.324 
Table 2.4. 2 Atmospheric and vapou r pressure variation, Wa rnick (1 984) 
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2.4.11 Draft Tubes 
Draft tubes are the final component of the tu rbine and serve the purpose of recovering 
some of the kinetic energy. An efficiently functional design of draft tube can provide for 
a recovery of a portion of the velocity head as the water exits the turbine, improving the 
overal l efficiency. The draft tube further utilises the runner discharge head if this is set 
above the tailwater level. 
For the initial design phase, the sketches shown in Figure 2.4. 9 are useful for shaping the 
relative dimensions and sizing of the spacing of units and for making estimates of the 
excavation requirements. Diameter Dj is the discharge diameter of the runner and can be 
applied to more than one turbine family. however, there are small modifications required 
for the different types of turbine. 
The design of the draft tube for the Kaplan turbine is provided by the work of deSiervo 
and deLava (1978), Wamick (1984), which provides the fo llowing empirical equation for 
determin ing the veloci ty of the water at in let to the draft tube: 
250 
V - 842+-
;I . N 
• 
where: V4 = water velocity at the draft tube inlet section, [ms·
I
]; 
Ns = turbine specific speed. 
(2.4. 17) 
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Figure 2.4. 9 Relative dimensions (or different types of draft tubes, Warnick (1984) 
2.5 Diffuser design for small turbines 
Technology is available to make efficient turbines of almost any size, but in the past the 
cost has been prohibitive for small systems. Thus most of the recent work in this area has 
been devoted to reducing overall system cost rather than improving efficiency. In all 
sizes, the cost per unit of energy is the deciding factor, but because of different 
constraints, optimum designs differ. Some of the constraints that should be considered 
are: available head, flow, flow duration, load and particularly for small systems, any 
ex isting construction at the site. 
The diffuser is a significant component that must be considered in the overall design of 
hydropower systems. It is part icularly important for low-head systems, where the kinetic 
energy leaving the turbine is usually a large part of the totaJ available head. Primary 
design factors include the inlet velocity and the pressure recovery. Other factors include 
limitations imposed by cavitation and civi l construction. 
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For small systems it is not feasible to conduct extensive test programs in the design of 
each installation. Where possible, standard units are used, many of which have been 
tested in full scale. Because of limitations imposed in many applications, standard draft 
tubes cannot be used. Thus it is important to accurately estimate the diffuser performance 
and its effects in the complete system. 
This means that any design criteria for the existing system are onJy meant as guidelines 
and the draft tube design may be adopted to be specific to a particular si te as shown in the 
calculations performed in the design section. In the current research, a draft tube was 
already in place and was designed for another turbine. The short space between the 
turbine to be designed and the existing draft tube imply that it will be impossible to 
develop a draft tube well suited to design conditions. However, the purpose of including 
design theory is to complete the design criteria for the turbine, should it be required that 
another turbine be built. 
2.5.1 Effect of the draft tube on performance 
To examine the effect of the draft tube on hydropower system performance, one should 
begin with the losses of the entire system. The total head at any point in the system is 
defined as: 
P V ' 
H =-' +-+z 
, pg 2g 
And the static head is given by: 
P, 
H =-+z , pg 
The gross head available to produce work is: 
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Figure 2.5. 1 Typical turbine system 
However, because of losses in the intake, draft tube and exit, the effective head across the 
turbine is: 






The effective head for efficiency calculations is often defined as the total head across the 
turbine and the draft tube, HI2-HI4• but this definjtion does not account for the losses in 
the draft tube exit. The overall system efficiency ( water-te-wire) is defined as: 
(2.5.6) 
S ince the objective is to examine tbe losses in and at the exit of the draft tube, all other 
losses are assumed constant. The following values are assumed: 
'I, = 0.90; TJ, = 0.98; TJ. = 0.98; 
The draft tube performance is characterised by the pressure recovery coefficient, based 
on the mean axial velocity at the inlet to the draft tube: 
C ps. - Ps, "8+(Z".",,-,,Zf'.!.) 
p= p(V,'/2) + (V,'/2) (2.5.7) 
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Then the totaJ head loss for the draft tube as a fraction of the gross head is: 
v' 
( I c) , 
p 2g6 H 
,~ 
(2.5.8) 
The ratio of the ve locity V3 to the quantity ..J2gH1gt'Oss is a system design parameter and 
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Figure 2.5. 2 Effect of draft tube on performance, Moses (1982) 
The effect of these two parameters on overall system effic iency is shown in Figure 2.5. 2, 
based on the above-assumed component efficiencies. 
2.5.2 Turbine·Draft tube matching 
Neither component should be designed wi thout consideration of the other and the two 
should be tested together. The turbine efficiency is often defined to include draft-tube 
losses, so that combination can be opti rnised. As shown in Figure 2.5. 2 the system 
performance depends strongly on the veloci ty V) entering the draft tube. Since Q = VJI\3 
this velocity is also related to the size of the turbine. With very high velocities, the 
turbine size is smaIJ , but draft tube losses are high. For a velocity ratio of 0.7-0.8, which 
is typical of low head, axial flow turbines, overall efficiency depends strongly on draft 
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tube performance, Cp. For high head systems, the velocity is much less relative to the 
spauling ve locity and the draft tube is much less important. 
The above arguments are included in the turbine design, but only in an indirect manner 
and as only part of the selection. Typically. the turbine type and speed selection are based 
on the specific speed: 
N.JP 
N,= 8H ~' , 
(2.5.9) 
The turbine size is then based on the head. flow rate and specific speed. For example, 
relations such as the following for ax.ial flow turbines have been developed to determine 
the rotor diameter: 
(2.5.10) 
In general then, turbine design for a given head and flow begins with the selection of 
turbine type, speed and size. Next the vane angles must be determined to extract the 
correct power at the desired flow and head. 
(2.5. 11) 
The design of the turbine and draft tube must also consider the problem of cavitation, 
which results from low pressure through the turbine. Since the pressure at each point in 
the flow field is difficult to predict, turbine design is usually based on experimental 
correlations such as the following for axial flow turbines: 
P 
S-tl_-" H z, vu , 
pg 
I (N )' 
(Y = 0.28 + 660 100 
(2.5. 12) 
(2.5. 13) 
To minimise turbine diameter. a large value specific speed is required, but in order to 
avoid cavitation, the specific speed is limited by the turbine elevation and bead. 
2.5.3 Draft tube performance 
Within the constraints imposed by the turbine design and system layout, the draft tube 
must be designed to minimise losses and maximise pressure recovery. Considering the 
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simple case of a straight conical diffuser, there are only two variables, for which a large 
amount of experimental data is available, Figure 2.5. 3. 
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Figure 2.S. 3 Conical diffuser performance, Moses (1982) 
As shown, the maximum recovery occurs with a very long diffuser and a small angle. 
However, the d iffuser can be made much shorter with a larger angle without a substantiaJ 
loss in performance. TypicaJ values for smaJI axiaJ flow turbines are a length/diameter 
ratio of 4 and a total included angle of 14°_ 15°. 
The maximum recovery is Urnited by the growth and for large angles separation of the 
turbulent boundary layer aJong the diffuser wall. Large amounts of separation, or stall, 
can lead to large fluctuations in fl ow and generall y should be avoided in draft tubes. 
However, maximum recovery in plane diffu sers usually occurs with small regions of 
separated flow. Since the exit velocity results in a loss, maximum recovery is optimum 
for system efficiency. but increases the danger of cavitation. 
In addition to length and area ratio, the primary factors that affect diffuser performance 
are inlet flow condit ions and the overall configuration. It is desirable to minimise swirling 
flow into the draft tube since this kinetic energy results in a loss. Almost all turbines 
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result in some swirl, particularly at part load condhions. Small amounts of swirl are 
beneficial (Q diffuser performance, but large amounts can result in stall or cavitation near 
the centre of rotat ion. Non-uniform flow into the draft tube can result from boundary 
layers on the casing. radial variations in work extracted by the turbine, wakes from vanes 
and centre-body and wake from a downstream shaft. [n weB designed turbines the flow is 
relat ively uni form, but wakes from the hub and downstream shaft can each result in a 
decrease of2% - 5% in pressure recovery. 
In general, a straight conical diffuser is near the optimum configuration, but this design is 
not always possible. Thus a number of different configurations have been developed as 
indicated in Figure 2.5. 4. 
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Figure 2.5. 4 Draft tube configurations. Moses (1982) 
Since there are many more variables involved and turning of the flow increases the 
danger of separation. the design of these draft tubes is much more difficult , requiring 
computational modening where extensive testing of small scale models is required in 
order to reduce cost. 
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3.1 Site specific parameters 
CHAPTER 3 
DESIGNING THE TURBINE 
The site into which the turbine was to be installed had already been prepared. T his 
consisted of a gate valve controlled supply, fed by a channel from the KarkJoof river and 
the exhaust was through a draft tube which dumped the water back into the river. A shed 
enclosed the entire unit. The turbine will be run from the supply pipe and controlled by 
the gate valve. The reduction in diameter 10 suit the supply to the turbine required the 
development of a nozzle spanning the distance between the turbine and the valve. 
The existence of the draft tube posed a similar dimensional problem hence a diffuser was 
required to match the turbine output diameter to that of the draft tube in let diameter. It 
was reasoned that this would cause problems with respect to the fl ow exiting from the 
turbine in terms of the pressure recovery capability of the diffuser. 
The area required for the installation of a generator, pump or a dynamometer is available 
at the PTO (power take out) of the turbine shaft. The network of cables and piping is 
already in existence should it be required that these options be pursued after the testing 
phase is complete. The feeder pipe, which supplies the pump with water, is also currently 
available. T he parameters of the turbine design had previously been determined by the 
project supervisor and have only been listed for the purpose of further calculation and for 
the benefit of the reader. 
Turbine parameters: Nominal bore (gate valve): 6 t Onun 
Nominal bore (turbine delivery pipe): 676 mm 
Flow velocity (turbine delivery pipe): 2.5 m/s 
Pressure (at penstock): 0. 1 MPa 
Power required from the turbine: ± 40 kW 
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The first question to consider was then what type of turbine was to be specified for this 
particular application. Consideration had to be given to the complexi ty of the turbine, its 
ability to produce power through large changes in the stream flow rate, the necessity to 
service tbe turbine and the frequency at whicb this must be performed and finally tbe 
available pressure head combined wi th the flow rate. The three types of turbines under 
consideration are the impulse, Francis and propeller turbines. These different types of 
turbine are described in Figure 2.4.4 and plotted against the head and output produced by 
the turbine. 
For the values of initial conditions given above, the turbine most suited would be the 
propeller turbine. Furthermore, the propeller turbine can be simplified to an axial flow 
turbine, which further simplifies the design and operation. Considering that these turbine 
installations are aimed at the informal sector, a simplified design will provide an 
advantage over a design that requires skilled labour and expensive equipment . 
The abili ty of the flow to intercept the rotor blade at relative angles of the order of 60 
degrees is justified by the conservation of angular momentum of the flow as it moves 
from a large annular area at the wicket gates to a smaller annular area at rotor. The 
increase in the tangential velocity component causes this increase in inlet angle. 
If it may be assumed that the inlet angle is 0 degrees then the turning angle may be 
assumed to equal the outlet angle. In which case the remaining factor to consider, when 
selecting this turning angle as a parameter for the purely axial flow turbine, is the blade 




The piping immediately above and below the turbine is shown in Drawing I in Chapter 9 
and serves the purpose of directing the water fl ow from the channel, which removes 
water from the river, through the gate valve, which is used to control the volume flow 
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rate supplied to the turbine. The turbine wi l1 be des igned such that the rotor and stator are 
placed in a 350 nominal bore diameter, downsized by a 400/350 nominal bore reducer. 
The purpose of decreasing the diameter of the flow only at the penstock, is to increase the 
flow velocity whilst the supply, travelling at a lower speed, will incur minimal friction 
losses. An additional reduction in bore diameter is required between the gate valve, 600 
nominal bore, and the large end of the reducer. 
3.2.2 Penstock 
The penstock is where the potential energy of the flow is converted into kinetic energy 
through the turbine and is noted as the red item, the reducer, in Drawing 1. The total 
pressure, the sum of the static and dynamic pressures, forces the flow through the stator 
blades, which induce a tangential velocity component that drives the rotor. 
3.2.3 Diffuser 
The bend in the pipe seen in Drawing J , shortly after the turbine, does not have posi tive 
implications for the flow dynamics but it allows for the protrusion of the shaft from the 
flow axis such that power may be extracted from the system. The inclusion of the curtain 
plate, Drawing 2J , facilitates the change in the direction of the flow and furthermore is 
able to reduce the effects of swirl from the turbine rotor. The main purpose of the plate is 
therefore to minimise the curtain effect of the flow, which is to ignore the path of the 
bend and continue wi thout a change in direction. 
The final stage of the piping is the draft tube. The draft tube serves the function of 
recovering the dynamic flow pressure. The efficiency of the tube will determine the 
effectiveness with which this is done. The draft tube acts as a diffuser, slowing the fl ow 
down to recover the remaining velocity potential in the form of static pressure. The 
length of the draft tube, determined by turbine setting, will determine the amount of 
recovery possible, subject to the limitation of the inception of cavitation. The existing 
draft tube currently on site served as the draft tube for the turbine, regardless of its 
suitabi lity. However, an additional diffuser wi ll be requi red to match the bore size of the 
turbine, 350 nominal bore, to the diameter of the existing diffuser, diameter 560mm. This 
was expected to induce high losses simply due to the required large change in diameter 
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over a short length, resulting in an included angle of 44°. The typical set-up of the turbine 
site and of the manufactured turbine components can be seen in Drawing 1. 
3.3 Stuffing Box 
3.3.1 Design conditions 
The stuffing box serves the purpose of preventing the flow of water from the main piping 
out to atmosphere, through the clearance between the shaft and its housing. The flow of 
fluid will depend on the pressure differential that exists between the pressure of the water 
in the pipe and the pressure of the surrounding atmosphere. During operation the water 
pressure is most likely to be below that of the surrounding atmosphere due to the pressure 
recovery action of the draft tube. Under this condition, the flow will tend to draw air into 
the piped flow through the stuffing box. In which case it will be necessary to provide the 
stuffing box with water from the high-pressure side of the turbine to prevent the stuffing 
drying out and overheating, typically caused by friction. Running a small pipe from the 
high-pressure flow side of the turbine into the stuffing box easily solves this problem. 
However the turbine may be run under a condition where the vacuum pressure is non-
existent, such as when the turbine is stalled under overload or when cavitation causes 
localised low pressure producing vapour and air bubbles in the flow, which nullify the 
effect of the draft tube by inducing an airlock, i.e. the expanding area is offset by the 
volume of bubbles. The stuffing box will then prevent excessive leakage of the piped 
water. 
3.3.2 Design Options 
The initial design of the stuffing box considered the use of an En 8 hollow bar welded to 
the pipe bend where the shaft exits and would serve the dual purpose of being the 
structure to which the bearing pedestal is secured. The problem with such a design is the 
rust factor. Steel in direct contact with the water will experience significant rusting and 
the fact that the housing is also designed to take the thrust of the turbine, failure of the 
component would disable the turbine completely. Several solutions were considered and 
are outlined below: 
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painting of the inside surface of the stuffing box and shaft housing section wi ll 
suffice only under conditions where the water contains no contaminants. Since 
it is river water that shall flow through the turbine, abrasion of the paint wi ll 
be expected. 
galvanising in preference to painting is a more likely option. The galvanising 
may however not form a uniform coating on the surface of the inner wall and 
may prove problematic when aligning the stuffing box. A simple machining 
process to skim off the high spots would resolve such an issue. 
using a different material that does not rust develops problems with the 
welding of two dissimilar materials. Cast iron, usually used in conj unction 
with water will prove to be too brittle in this instance when recalling that it 
will be required as the platform for the bearing pedestal. 
a simple stainless steel sleeve would solve the problem altogether. Its use 
allows the stuffrng box pipe to be welded to the pipe bend and is stronger than 
cast iron. Furthermore, it will facilitate the use and servicing of the stuffing 
and lantern ring. 
The selection process reasoning indicates that the best option to pursue is the stainless 
steel sleeve since it meets all the requirements of the design. 
3.4 Drive Train 
The speed ratio of the drive train is to be set at 2: I. The drive pulley will have a P.C.D. of 
307mm and the driven pulley will have a P.C. D. of 154mm. The drive train must 
transmit a power of 40kW at a speed of 450-900rpm. These values are used to ca1culate 
the necessary shaft diameters and the loading of the bearings 2 & 3 shown in Figure A 
7.2.1. Should the drive sprocket be the option of transmitting the power, the resultant 
additional axial load represented as one third of the axial load was considered, with 
respect to the minimum required load on the thrust bearing. This should not cause 
separation of the thrust bearing since, to generate the thrust initially requires that the rotor 
be running. When the rotor is running. there exists approximately 4.5 times the force in 
the opposite direction, which pushes the thrust bearing together. Hence separation will 
not occur due to this thrust. 
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Once the drive train diameters had been selected, the suppliers were contacted in order to 
determine what the nearest standard size diameters were in order to avoid the additional 
costs of custom-made power transmiss ion mechanisms. 
3.5 Bearing Selection 
3.5.1 Bearing types 
Many different bearing types and configurations were considered, Drawings 21, 22 and 23 in 
Chapter 9, initially in the light of simple and low maintenance. This could easi ly have 
been achieved by using plummer block bearings. Specialised help was sought through 
bearing companies in the selection of bearing configurations and bearing types. The 
investigation revealed that it would not be possible to consider a bearing that is normally 
intended for radial loading because in each case the ratio of axial-to-radial load is 
specified by the bearing manufacturers as being less than one. However, this was not the 
case with the load configuration encountered in the turbine and it was necessary to move 
away from the plummer block bearing type, toward a thrust bearing / radial bearing 
combination configuration, which would avoid the complications of using angular 
contact bearings. 
Other options such as the hydrodynamic fi lm bearing and standardised housings were 
also considered. But the hydrodynamic film bearing required a high level of maintenance 
and a clean environment; conditions not freely avai lable in rural South Africa. The 
standardised housing could easily have been adapted from the bearing housing 
manufactured by the pump supplier, but it was completely under-rated in terms of its 
ax iallcad absorption capacity and was therefore also deemed unsuitable. 
3.5.2 Final selection 
The final selection was for a combination of the two bearing types, two square fl ange 
bearings and one thrust bearing as seen in Drawing 21 of Chapter 9. Although bearings 2 
& 3 are designed for a radial load only, it is possible that they may also take an axial 
load. This may resu lt if a sliding fit is not obtained on the shaft journal. 
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Once the size of the bearings had been calculated such that a life of approximately 3 
years was obtained. the size of bearing 2 was then increased to suit a 60mm shaft, fining 
the dimensional requirements of the pipe bearing pedestal. As a result, the bearing cost 
increased by 85% which can be argued to be recovered in the reduction in machining 
cost, the number of bolts to be purchased and from the replacement period extension 
gained by using a larger bearing. There is also a level of simplification to be gained by 
choosing two bearings that are alike when re-ordering and purchasing nuts and bolts. 
The change in the bearing size al lowed the seating plates, seen in Drawing 13 of Chapter 9, 
to be excluded but the problem of diaphragm bending of the bearing housing arose. A 
look at the design of the seat of the bearing revealed that the bearing was seated on raised 
platforms at each corner, the location of the bolt holes. This meant that the bearing was 
designed to be seated only on these platforms. However, should the problem arise 
whereby the bearing housing becomes subjected to diaphragm bending, it is 
dimensionally possible to include the backing plates without having to change the design 
of the bearing pedestal or the shaft. The only design change remaining is then to increase 
the uncompressed length of the pre-load spring by 15mm. 
3.5.3 Pre·load spring 
Separation of the bearing seats from one another would be very common in thrust bearing 
use save for one detail , the use of the pre-load spring. An application of a constant force 
on the bearing seats ensures that they remain together at all times, refer to Drawing 17 of 
Chapter 9. This pressure guarantees that the balls within the bearing have sufficient 
dynamic friction to roll rather than slip, cutting grooves into the seat. Separation can be 
caused by either gravity or gyroscopic moments separating the two seats. The purpose of 
the spring is therefore to induce a pre-Ioad on the thrust bearing such that the minimum 
aIJowable pressure is maintained at a constant level. The spring will run on the inner race 
of the radial bearing and on the turbine side of the thrust-bearing bearing face. 
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3.6 Bearing Pedestal 
3.6.1 Design options 
The first design iteration regarding the bearing housing was to use a conventional bearing 
box supplied by the pump manufacturer, refer to Drawing 22 of Chapter 9. But after a short 
research into its axial load capacity, it was quickly determined that the ax ial load rating of 
the turbine far exceeded that of the pump. It was then considered feasible to change the 
bearings, but keep the housing. The bearings were selected as being spherical thrust or 
angular CQn(aCl bearings. The design of the housing meant that these bearings would be 
splash lubricated. Grease lubrication is only feasible for hausings that do not have large 
ai r gaps within. Grease lubrication under these circumstances is prone to higher levels of 
contamination. The design of the housing would have allowed it to be bolted to the flange 
of the stub pipe and the base bolted to the supporting framework. 
The benefit of having a custom made bearing pedestal reduces: 
the amount of machining and welding but does not avoid the problem of 
attaching the pump to the bearing pedestal . which requires further fabrication 
of a pump mounting frame, 
the potential stress on the welded joint between the stub pipe and the main 
pipe. 
The second solution as advised by an external company was to have a custom housing for 
the axial thrust bearing separate from the plummer block bearing. The thrust housing 
would be bolted directly to the stub pipe, which would then support the ax_ial load. The 
plummer block bearing, boiled to the supporting framework could then absorb the radial 
load. See Drawings 22 and 23. 
The malO problem with such a design would be the miSalignment of the shaft with 
respect to the plurnmer block. Locating the framework 10 which the plummer block is 
bolted, relative to the stub pipe, thus becomes difficult. 
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Large quantity production of a custom made axial thrust support bearing housing would 
decrease the cost of manufacturing the component but for a small number of items it may 
prove an expensive venture. Due to the simple shape of the bearing housing an equally 
simple casting process could be used, such as sand casting, which is relatively 
inexpensive once the die has been made. 
Having separate housings for the thrust and plummer block bearings would require that a 
separate landing be made for the plummer block for the purposes of accurate alignment, 
whkh will require complicated design features. Ideally then, it would be most efficient to 
adopt a pedestal design that would support both radial and axial loads yet allows for the 
separate bearing requirements of the thrust and radial bearings. 
The most simplified design, shown in Drawing 21, and which meets all the design criteria, 
is to have the bearing pedestal made from a single pipe with inserts that serve as the 
locators I backing plates for (WO radial and one thrust bearing. The bearing pedestal 
housing this combination would therefore support both the radia1 and the ax_ial loads. 
Since the load is 80% axial - assuming the belts will be used as the method of power 
transmission - the pipe design may be considered appropriate because of its orientation to 
support the load in a tensile manner. 
3.6.2 Final selection 
After much consideration, the design of the bearing pedestal fell in favour of the bearing 
tube, proving to be a better proposition for the fo llowing reasons: 
the material requirements for the design of the framework are at a minimum 
improved loading configurations by means of the axial support 
simplified construction 
provides a protective housing for the bearings 
eliminates the problem of pipe movement when compared to other designs 
However, factors counting against the design are: 
construction may be slow due to the necessity to weld and machine at each 
stage 
the design is bulky and may require handling equipment 
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It was concluded then that the best design was the bearing tube option. 
3.7 Main support frame 
The large volume of flow in the main pipe raises the question of movement of the main 
pipe caused by the reaction to the force needed to changing the flow direction through the 
70 degrees. What remains then is to determine whether or not it would be necessary for 
the framework to incorporate a supporting feature. The best solution would be to design a 
main frame that would not only benefit the installation but one that would be additionally 
suited to the pump unit. 
Without the main frame and just a support on the end of the pedestal , the only part of the 
structure preventing movement is that of the bearing pedestal weld join to the main pipe. 
Any movement would therefore have to be absorbed by the bearing pedestal and the 
feeder pipe, depending on the magnitude of the relative movement. Expansion joints may 
be required for the feeder pipe only. The introduction of the main frame would help to 
minimise any movement, provide a base to which the bearing pedestal can be bolted and 
a frame that would provide the necessary support for the structure during transport and 
installation. And with the simple means of welding on lifting lugs, transport and 
installation become easier. 
The Objective of the framework would not be for supporting heavy loads during the 
operation of the turbine because the bearing pedestal will take up the main load of axial 
thrust. The remaining radial load, approximately 20% of the axial load and caused by the 
belt drive power take out, will then be supported by the framework. Thus the design of 
the loading capacity of the framework would be based on the loading of the lifting lugs, 
the magnitude of which is determined by the mass of the entire turbine unit. However, the 
final method of selection is based on relative sizing of the frame, which is a function of 
the size of channel section used in the pipe support beams. 
The framework may then be standardised accord.ing to the size of the turbine with the 
primary purpose of facilitating the installation and moving of the turbine. Sizing of the 
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framework components is therefore at the discretion of the designer, subject to certain 
limitations. 
3.8 Rotor and Stator 
In designing the blades the first critical stages are revealed by asking certain intuitive 
questions and deciding which factors will play a predominant role in the design of the 
turbine and which factors will play a secondary role. The necessity to determine this right 
from the start is due to the inter-relation of the design conclitions as will be seen out lined 
in the fOllowing blade design and selection objectives and furthermore in the chapters to 
follow. 
I) Obtain the lowest drag in terms of the friction, form and pressure drag. 
2) Locate the position of the diffuser, nozzle; 
What adj ustments can be made to the blade shape to obtain the nozzle / diffuser effect 
without large sacrifices in the shape effect? 
3) Optimise the number of blades: 
The solidity ratio wi ll determine the effectiveness, lift and drag, of a single blade 
weighed against the effect of interference of additional blades. This needs to be 
examined at radial intervals due to the increase in space from hub [Q tip. 
4) Examine blade geometry: 
What is an effective blade shape that satisfies the dependence of shape on the design 
type, for example the airfoil versus momentum theory design? 
5) Optimise camber line versus angle of attack: 
The camber line and corresponding shape determine the pressure distribution of the 
foil section, generating the lift and drag vectors. These vectors generate the highest 
torque when their direction is perpendicular to the axis of the hub, 
6) Design condition; 
It is possible to design the blade geometry according to an exact set of operating 
conditions, but it must be expected that the tu rbine will operate above and below 
these design conditions. The geometry of the blade must take this into account. 
7) Change in drag as a function of the Reynolds Number: 
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The drag changes as a function of the Reynolds Number as given in many textbooks 
and a particular example is shown in Figure 3.8. I. The graph shows a general decline 
of the drag coefficient [CD] as a function of increasing the Reynolds Number. 
8) What pressure exerts the highest force when water is the flow medium? 
This question has two components since the pressure distri bution about any non-
symmetrical profile is a function of its camber and the camber affects the direction of 
the lift and drag vectors which are then divided up into ax ial and perpendicular 
components. Hence the camber will determine the direction of these vectors. Once the 
direction has been ascertained, the thickness distribution about the camber line needs 
to be detennined according to the desired pressure distribution, which establishes the 
suction and pressure characteristic curves. 
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Figure 3.8. I Minimum drag coefficient as a function of ReynoJds number, Reigels (l961) 
9) The blade shape may also be subject to tbe availability of shape definition: 
Many of the existing profiles are defined according to an equation. such as the NACA 
series and 10ukowski profiles, for which much data is avai lab le which describes the 
[CL & CD] characteristics as a function of the angle of attack. For profiles that do not 
have empirical definitions, it will be necessary to find or develop the xy-coordinate 
pairs defining the speci.fic blade. 
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3.8.1 Shaping the blade 
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Figure 3.8. 2 Influence or leading edge shape on boundary layer and Co. HOC!mer (1965) 
Figure 3.8. 2 shows that it is most suitable to use a parabolic leading-edge radius since it 
promotes the stability of the flow as it enters both the stator and rotor blade hubs. 
Although it does not provide an indication of the equation of the parabola it is ex-peeted 
that it would be dependent on the thickness distribution. It should however be noted that 
the arms of the parabola are required to tangentially intersect with the thickness 
distribution as a function of the camber line of the profile. 
Changing the radius of curvature of the camber line may therefore be used (0 cause 
transition of the flow from laminar to turbulent. However the methodology behind the 
design is to attempt to ensure that this transition does not occur. This can be promoted in 
two ways: 
1) a decrease in the radius of curvature should correspond to a decrease in the 
Reynolds number 
2) maintaining a constant radius of curvature of the camber line. 
The requirement of changing the Reynolds Number can be executed in two ways. Firstly 
the ve locity can be reduced overall, by a reduction in the pressure differential across the 
penstock. Alternatively the length over which the fluid flows can be reduced. Both of 
these variables will reduce the power developed by the turbine blades. The only criteria 
thm can be met, is the constant radius of curvature, which is most easiJ y defined by a 
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circular arc camber line having a low thickness distribution such that the profi le thickness 
does not deviate far from the circular arc camber line. 
The minimum drag can be obtained when defining xJc = 50% for conventional profile 
thickness ratios, beyond which, the pressure and separation drag increase as a fu nction of 
the wedge angle at the trailing edge. But a trade-off exists between the skin friction and 
the profile drag. Increasing the length over which the profile is tapered to the trai ling 
edge decreases the wedge angle. The trade-off is then caused by an increased skin friction 
drag resu lting from the length of the profile over which the turbulent boundary layer 
flows. Turbulence along the afterbody of a laminar profile can therefore be expected to 
be unavoidable. 
3.8.2 Defining the pressure distribution 
For the purpose of performance, it was established that the positive pressure gradient 
should be formed as late as possible on the profile. This would result in the location of 
the transition of the flow from laminar to turbulent to be far back on the profile, thus 
reducing the skin friction drag caused by the turbulent flow . Hence the shape of the 
profile or thickness distribution will be developed to meet this cri teria. 
The difference in the flow velocity between the upper and lower surface describes the 
reason for the pressure distribution as a function of the sum of the static and dynamic 
pressures. If the static pressure is assumed to be constant it means that the total pressure 
varies proportional ly to the velocity. The pressure thus affecting the kinematic viscosity 
wi ll resu lt in a different point of transition and similarly different points of reattachment, 
not ignoring however that this mechanism is also a function of the state of the boundary 
layer. 
It is seen from Figure 3.8. 3 that the angle P I is conserved, allowing the blades to operate 
at their design li ft coefficient at all times. However, a distinct possibility is for stream 
turbulence in the in let flow resulting in non-zero incidence for the stator blades. Such an 
unpredictable characteristic cannot be accounted for in the design except to attempt to 
make the inlet flow laminar. 
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Figure 3.8. 3 Rotor blade angle independent of C K 
3.8.3 Location of the transition point 
The maximum thickness affects three variab1es: 
1) the location of the minimum pressure point; 
2) the pressure distribution; 
3) the lift coefficient. 
The minimum pressure point should be set as far back as is practically possible, allowing 
the transition from laminar to turbulent flow to occur as late as possible and hence reduce 
the friction drag on the profile. Moving the location of the minimum pressure 
downstream can be achieved by setting the maximum thickness at 40% - 60% chord. 
The importance of defining the location of the max mlUm thickness when considered 
relati ve to the C 0 vs. CL is far outweighed in comparison to the definition of the pressure 
gradient. The reason for this is that the turbine is not expected to operate for any 
significant period of time exactly wi thin its design criteria, because of the unpredictable 
nature of the supply head, since the supply head is currently drawn from a non-perennial 
water source. 
The location of the transition point is independent of the thickness ratio. Rather, it is 
defined by the location of the maxjrnum thickness, which influences the pressure 
distribution. Allhough the benefits of laminarisation on the pressure distribution are 
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developed by high percentages of the maximum thickness location x/c> 30%, there 
remains a limitation on the thickness distribution of the profile shape, in the form of the 
profile drag. This limitation is described above as a function of the dynamic pressure. The 
effect of which can be defined by the profile drag. which is a summation of the adverse 
pressure gradient formed at the frontal area and along the afterbody of the profile. 
The value of the minimum pressure also affects the transition point. 1t is expected that a 
function defined mathematically as "continuous" is the most suitable definition of the 
desired pressure distribution. "Discontinuities" would be the expected cause of transition. 
"Smooth" functions therefore can be defined by the combination of the camber and the 
profile thickness. 
3.8.4 Flow conditions 
Accepting that it is not possible to accurately predict the location of the boundary layer 
separation it will be borne in mind that only the experimental results can give the true 
indication of the flow condition about the profile. Drag coefficients will also need to be 
obtained experimentally if they are to be determined accurately. since it is not possible to 
predict from theoretical analysis the pressure at the rear of the profi le yie lding the 
pressure differential, which determines the pressure drag. Hoerner (1965) also makes 
mention of the fact that the pressure drag is related to the skin frict ion drag by reasoning 
that the resistance is a function of the momentum losses incurred by the boundary layer. 
It should also be borne in mind that experiments performed in air will have slight 
differences to the values determined for the same profile in water due to the difference in 
the medium in which the profile operates. This is due to the fact that ai r and water have 
different ratios of inertia and viscosi ty. 
The Reynolds Number is the ratio of the inertial and viscous terms and typiCally, if the 
Reynolds Number is small, the viscous terms will dominate and we can ignore the inertial 
terms. Conversely if the Reynolds number is large, the inertial terms dominate and we 
can ignore the effects of viscosity. 
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Considering that water has the comparatively lower kinematic viscosity. YwaTcr (20 °C) = 
IE-6 [m2s] and Ynir (20°C) = 1.S lE-S [m2s]. it will be assumed that water wi ll reattach to 
the surface at a point on the profile further from tbe point of separation of that of air. The 
water having its comparatively higher inertial force "damped" by the comparatively 
lower viscous force means that the momentum of the boundary layer is less "damped" by 
the viscous effect causing the flow to become turbulent before the flow of air at the same 
velocity. This is seen in Figure 2. 1.2 
There are two possible causes of the inception of turbulent flow . The fust being the flow 
pattern caused by the gate valve, where the shape of the resultant orifice would force the 
boundary layer flow to become turbulent. 
Provided that the flow upstream can be made to be laminar, the second cause of 
turbulence at the headstock can be a result of the velocity of the flow. The flow across tbe 
blades would be beyond the region of the critical Reynolds Number (Recril) since the 
Reynolds number is in the order of 106 to 107 for any point along the blades (both slater 
and rotor). And coupled with the a non-laminae fl ow downstream of the turb ine due the 
pipe bend, it is then very likely that the flow will be turbulent. 
3.9 Draft tube design considerations 
3.9.1 General design 
The increase in area from the draft tube entrance to the exit is required to reduce the exit 
loss and cannot be obtained in less than the critical length. The reason for this is that the 
corresponding increase in the taper angle is limited by the increase in the eddy losses that 
cause cavitation. 
It should be noted that for a con.ical section of draft tube with a total angle of divergence 
somewhat greater than the ideal for axial flow of approximately 7°, an improvement in 
efficiency is obtained by designing a small swirl component. The best efficiency of a 
tu rbine does not occur with ax.ial flow from the runner but with a small swirl component 
in the same directjon as that of the runner. 
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3.9.2 Draft tube bend 
Under static conditions, the absolute pressure at runner ex it is lower than atmospheric by 
the water column Hs. provided that no air is allowed to enter the draft tube. Furthermore, 
the draft tube must recover as much of the velocity head in the water as it leaves the 
runner. This recovery takes the form of a further reduction in absolute pressure, which is 
expressed by: 
(3.9. I) 
and is called the dynamic suction head, Brown (1970), where 110 is the coefficient of 
recovery or efficiency of the draft tube, and C2 is the Vabs of water as it leaves the runner. 
The velocity head (C~/2g ) varies in importance according to the specific speed of the 
turbine. For low specific speeds (cV2g) is of the order of 3%-4% of the head H, whilst 
it reaches 15% or more for high specific speeds. Hence at high specific speeds, the 
correct form of the draft tube is required to ensure a good recovery coefficient. The 
higher the coefficient, the smaller will be the exit losses and the lower can be the value of 
(D~ II/Q) which fixes the size of the runner outlet diameter D2 and thus has a direct 
bearing on the cost of the turbine. 
Losses typically arise from the following: 
I. velocity head of the water at discharge from the runner is only partially recovered 
at the draft tube 
2. skin friction in the runner passage 
3. eddies at runner blade inlet 
4. eddies at the runner blade outlet 
5. water leakage past the seals between moving and fixed parts 
6. friction losses in the bearings and shaft gland 
7. friction losses in the spiral casing, guide apparatus and draft tube 
Of the losses mentioned above. the first two are directly dependent on the size of the 
runner. The following two can be very small with correct inlet angles and blade shapes. 
All others arise from causes outside the runner. The runner must be designed so as to 
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obtain a minimum sum of losses I and 2 and this is the basis upon which the size of the 
runner is fixed. 
Adopting small absolute velocities at the discharge, for which a large exit diameter D2 is 
necessary, reduces the losses of I. However, an increase in D2 entails a correspondingly 
large area of the blades and smaller exit angles, increased skin friction and relative 
velocities caused by high peripheral speeds. Hence a balance is sought between friction 
losses and recovery of the velocity head, attained when sui table ex it angles are chosen. 
And practice indicates that this is so when the value of (D~ n/Q) lies between 85 and 115, 
depending on the finish of the blades and the efficiency of the draft tube. This ratio is 
applicable to all reaction turbines. It will be noted that the expression is independent of 
the head and is consequently independent of the specific speed. 
In order to prevent cavitation, the turbine must not be placed higher above tail water level 
than is pennitted by the relation, Brown ( 1970): 
(3.9. 2) 
As oe depends partly on the dynamic suction head, a reduction in the diameter D2, leads 
to the lowering of the turbine and deeper excavation, or to a lesser overall efficiency of 
the machine resulting from a smaller efficiency 110. The recovery of the velocity head can 
only be obtained by a gradual increase in the cross-sectional area of the draft tube 
resulting in a gradual reduction of the velocity. An increase in the cross-sectional area 
that is too rapid, leads to dead water, back flows and general ly poor 7JD. The increase 
must be such as to permit irregularities of flows to even out, which leads to the general 
rule that any two sections of areas [A I & Az] separated by the distance [l] , must satisfy 
the expression, Brown ( 1970): 
0.121 (,JF, - .JF: ( 0.21 (3.9.3) 
On a straight cone of circular cross-section, this relation leads to the angle (0] formed by 
the generatrix of the cone and the centreline being 4° < 0 < 8°, Brown (1970). This 
relation applies generally to sections of the draft tube that are in a straight line. 
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For small-size verti cal-shaft turbines the simplest form of draft tube is in a straight cone, 
discharging sufficiently low under the tailwater level to maintain an ample seal against 
air. This simple arrangement is not possible with horizontal-shaft turbines where a bend 
must be inserted almost immediately after the runner exit. This bend leads to poor 
recovery of the velocity head (CY2g) because of the necessity for placing it close to the 
runner in order to minimise the space required by it in the power house. Furthermore, the 
bend leads to non-symmetric flow at the runner exit causing poor turbine efficiency. 
The fl ow of water in the draft tube is much more at regular loads near [ Q ] than at part 
gate opening, where water is discharged with a considerable rotational component of the 
velocity. This leads to irregular flow at the bend of the draft tube. 
3.9.3 Choice of speed and setting 
The requirements that a turbine shall operate frequently at low loads and yet have only 
shal low excavation for the draft tube are in conflict. A high-specific-speed turbine with 
dimensions smaller than normal , with a high cavitation factor, would meet the first 
requirement, but it would not satisfy the second because a deep setting is required to give 
the requisite sectjon head. The existing turbine has been shown to have a runner diameter 
smaller than normal, by the Hill Curves, Warnick (1984). Applying the above 
information implies that the turbine may be subject to high cavitation although 
calculations of Hs using: 
(3.9. 4) 
would imply that Hs may be made greater than the normal relationship. Hs as given by 
Hs;:' 4D, Brown ( 1970), but sti ll maintaining a value of cr as given in Figure 3.9. I above 
the critical cavitation fac tor. 
The requirement that best efficiency should be achieved close to or at full load with a 
turbine of normal specific speed, wi ll lead lO the use of a design of runner best suited lO a 
higher head and one which will also be appreciably larger than for normal des ign. The 
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full output is requ ired over a range of head varying by more than ±5% from the design 
head. The turbine dimensions will increase as the head variation increases. 
Where the head water level is almost constant and variations in nett head of less than 
10% are created by fluctuations of the tail water level such as occur during floods, fuJl 
output can generally be obtained without departure from the normal design, other than a 
small increase in the maximum runaway speed. 
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Figure 3.9. 1 Compa rison of experience cu rves fo r cavitation coeffi cient, Warnick (1984) 
The beSI e ffi ciency will not be obtained at fulJ load primarily due to the existence of (he 
incorrect runner diameter. Point I. of the turbine losses also implies that the turbine wi ll 
be suited to a lower head as was calculated using the Hi1l Curves, Warnkk (1984). Point 
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2. implies that the turbine dimensions are smaller than normal , meaning that the turbine is 
sui ted to operate over a ve ry small head range. Also having a relatively high specific 
speed, resulting primarily from the rpm. means that the turbine will not experience 
favourable efficiencies over a range of heads. 
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Figure 3.9. 2 Curves of specific speed, head a nd runner d iameter (propeller tur bines), Brown (1970) 
The difference between preliminary estimates and the final design will be small in most 
cases, but may be appreciable where unusual requirements must be met. Figure 3.9. 2 
gives the specific speed and a constant plotted against head for propeller turbines, Brown 
( 1970). 
runner r/J c - 7.';;;;;;~~ 
- .JllOrse power 
(3,9.5) 
The specific speed varies considerably between different designs for small variations in 
runner diameter. The estimation of the latter is therefore less liable lO inaccuracies than 
the specific speed. 
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The head for which full load output is required is used for reading off the conSlants. It is 
assumed that this head also corresponds to that at which the best efficiency is required. If 
these two heads are not the same, an adjustment to the speed as found from the upper 
curve must be made. For example if full output is required at 25m but best efficiency at 
28m, then the speed is increased in the ratio of the square root of the heads. 
• r---.: i'"'-s 
0 .~ 
~ 0 '. 
o • ·I~ 
. ~ • ~~ • • 
.~ • • • o . ", • • 
• ~ , o 
• 1'\ 
o 2 ~ 
2 4 < '" • 10 :< ilO .30 40 SO GO SO 
O&l<',il!il~ 
L 5C.tN:Iu .... V'I)J..I· 
£.CQt.JT'oJCt.JTA,-
X" AME~CA>J. 
Figure 3.9. 3 Cavitation factor and operating head for Kaplan turbines (for propeller turbines reduce 
by 8%), Brown (1970) 
In most cases, the distance Hs is a negative quantity and the runner is below tail water 
level. Iow-head being a general exception. Figure 3.9. 3 gives the curves of cavitation 
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factor plotted against head. The suction head, Hs, is then estimated as follows, Brown 
(1970): 
H , = H B- (aH + H. + Hi) 
where: H E::; barometric pressure at runner elevation 
Hv = vapour pressure of water 
H I = height of runner blade leading edge above runner centre line 
::; 0.5D for horizontal shaft units 
Applying the above equation with a value of 0 obtained from Figure 3.9. 3: 
O"I Om = 1.0; 0"12m = 0.9; 
H I + 0{ H;" + H,) = H s - Hv - H I 
H,(a+ 1) = HB - H, - Hi - aHi" 
Hs- H v - H 1 - oH;" 
H s= () a+ l 






Therefore: 1) H, IO = -0.656m 
2) H, ,, = -O.l64m 
3) H, ,, = 0.558m 
Hydraulic similarity 
01 4m ::; 0.77. 
(3.9.6) 
A turbine can be operated over a range of heads and speeds, but for each head, there is 
only one speed at which it as the best efficiency. For a well designed turbine, this speed 
corresponds to the conditions of smooth entry of water into the revolving runner and to a 
maximum of loses throughout. Setting the runner speed to 735rpm and defining the 
blades accordingly will ensure smooth entry of the flow to the runner blades. The 
problem thereafter lies in the losses and cavitation. 
If H is identified as the head and n as the rpm, generating velocities v. If the same turbine 
is operated at head H, the direction of the velocities is conserved for the new speed n'. As 
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the total energy available has changed from H ~ H ', the squares of all the velocities and 
the fr iction losses alter in the ratio of the heads. Hydraulic similarity then exists when: 
c w u ~ 
C,= w' = u'= H ' 
:.= g=~;, 
P HQ H.[ii 
p,= H'Q' = H'..[ii' 
Which implies that 1/11 = 1/w due to the similarity of the losses and congruent angles. If 
two turbines are considered to be geometrically similar and have runners of diameters D 
& 0 - respectively, corresponding dimensions are in the ratio: 
D/ D' 
If it is then assumed that the two turbines operate under identical heads, at a certain pair 
of speeds nand n' , the corresponding velocities C and C', Wand W' and U and U' form 
identical patterns in direction and magnitude. Because: 
:rDn • JrD" n.. 
U=60=U = 60 




And the discharges are proportional to the areas of the passages, and therefore, in the 
ratio: 
and P QH (D)' 7= Q' H' = D' 
Choice of turbine 
The head under which the turbine will operate gives the first indication of the selection of 
the turbine. Should the head indicate more than one type of turbine, a further selection 
according to ns can be made. The total power to be installed must be known and the 
number of machines then chosen by economic consideration of load factor, extent of 
water storage, cost of power house and convenience of operat.ion and maintenance. Once 
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the output per machine has been decided, information must be obtained concernmg 
suitable speeds for which the generator can be constructed econOmically. 
From this data, specific speed is calculated. 
(3.9.7) 
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Figure 3.9. 4 Limits of head for various specific speeds, Brown (1970) 
The appropriate specific speed is indicated in Figure 3.9. 4, which shows the upper limit 
of head for each particular turbine family. Should the head exceed this permissible limit, 
a lower speed or lower output must be adopted to reduce the value of ns. When selecting 
between two potential machines, a wider knowledge of the advamages and disadvantages 
of each machine is necessary, especially with respect to efficiency when nmning at part 
load. This is shown in Figure 3.9. 5. 
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The purpose of the existing turbine is to pump water at a constant rate. And since the 
supply head and flow rate are expected to remain constant due to the supply head being 
piped from a river at a higher elevation, large variat.ions in the loading are not expected. 
This al lows for the design of the turbine to be aimed at the full load capaci ty with little 
design allowance for the part load conditions. Such an application is well suited to the 
propeller turbine also seen in Figure 3.9. 5. 
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Figure 3.9. 5 Efficiencies at various loads, Brown (1970) 
Apart from statistical infonnation from existing tu rbine installations, the limitations to ns 
fal l under various headings: 
Mechanical strength: Anyone type of turbine of given ns is subject to s tresses that are 
proportional to Ihe head under which it operates. In deciding on the use of a given ns for a 
head higher than that of the prototype, the designer faces new problems of mechanical 
strength. Solving this by increasing thickness results in departure from true geometrical 
similarity and may affect performance. 
Best maximum effi ciency: Experience shows that each type of turbine has a narrower 
best maximum efficiency than generally shown in Figure 3.9. 5. The very large values of 
ns attainable with Kaplan turbines depends on high recovery in the draft tube of the 
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veloci ty head and extremely high specific speeds are attainable only at some sacrifice in 
efficiency. 
Reynolds number: It provides a basis for comparing machines according to the nature 
of the flow through them. When they are geometrically similar but are of different sizes, 
as defined by the diameter 0 and operate under various heads, which affect the velocity 
[v] of the water at any given point. Since v ex ;JH, one and the same runner operates at 
increasing Reynolds Number as the head increases, maintaining hydraulic similarity. For 
one and the same head, turbines of identical Os of typically larger diameter may be 
required to work at higher Reynolds Number's and may then show unexpected vibrations 
that could cause eddies. 
Setting: In order to ensure satisfactory operation reaction turbines of gIven ns 
require a lower setting of the turbine in relation to the tail water level when the head [H] 
increases. This may result in such deep excavation that the cost of it may well absorb any 
saving in the machines arising from a higher speed. Also vibrations at part load due to the 
phenomenon shown in Figure 3.9. 6 become more severe due to the higher energy 
rejected into the draft tube. 
Figure 3.9. 6 Typicill now in runncr and drart tube at part-gate, Brown (1970) 
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Turbine setting and Cavitation 
Any turbine that is geometrically similar and operates under similar hydrau lic condi tions 
has the same value of a c. With a d.ifferent design or proportions ac will generally be 
different. As can be expected, the specific speed had a great influence on the injtial cr. as 
may be seen in the fo llowing considerations: 
The ex it diameter of al l reaction turbines is related to the speed by. Brown ( 1970): 
DJn 
, - t Q2 = cons. 
From this it is possible to calculate the dynamic suction, Brown ( 1970): 
c,' -4 ( )4/3 
1/D 2gh " 3.6 x 10 n. 
(3.9.8) 
(3.9.9) 
Figure 3.9. 7 shows the function of Os. From experimental data, safe values of the 




2gH " 4.0 x 10 n. (3.9. 10) 
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Figure 3.9. 7 (1 as a function of specific speed (NI) , Brown (1970) 
Values of the quantity have been shown in Figure 3.9. 7 in order to give the curve of 
permissible cr. It can be seen how rap idly cr increases with Oh and thus correspondingly 
its importance at large specific speeds. 
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It must be remembered that the coefficient [k] depends to a great extent apon each 
pru1icular design of turbine, namely the specific loading on the runner blades, their 
curvatures and the ratio of chord to pitch. The curve of 0 in Figure 3.9. 7 represents 
actual installation values for the lowest tailwater level with some small margin of safety 
over the critical sigma [ocr], as determined from model tests. By plotting the effic iency, 
discharge and output under unit head at constant speed, against ((HB -H, l/H), the 
point of discontinuity is made apparent. 
3.9.4 Selection of the turbine setting 
As has been discussed, determining the turbine setting is based primarily on defining the 
plant sigma and choosing the vertical distance from the minimum, full load tailwater 
level to the critical part of the runner, which differs for the orientation of the turbine. The 
[0] should be referred to some specific point on the runner and may have [ Ks ] assigned 
as an elevation position in some literature. For horizontal axis turbines, a point near the 
tip of the runner blade is used because the pitting damage is typically a function of time 
and the most critical position is only exposed instantaneously during each revolution. 
In spite of the availability of these theoretical results, the final turbine selection should 
rather be based on model test results. Since these are not avai lable for the turbine, the 
estimates made will be assumed suitable for operation, but with the expectation of a 
neceSSity to change the draft tube parameters, such as the length and final diameter. 
The curve shown in Figure 2.4.8 relates the acceptable plant sigma to the specific speed 
and thus using the homologous nature of turbines to indicate that turbines having 
geometriCally similar design and operating under similar hydraulic conditions will have 
the same value of sigma. This experience curve has been plotted to place the turbine O.3m 
lower than the elevation at which the cavitation damage occurs and loss of performance 
has approached unacceptable values. This so provides a limited margin of safety to allow 
for variation in the atmospheric pressure and minor variations in the runner 
characteristics. 
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Considering Eq.(3.9. 4), it is possible to proceed with the determination of the turbine 
selling elevation. However. another experience curve is necessary to relate the turbine 
setling elevation, Hs to the centreline of the turbine distributor. Using the definition of hs 
as shown in Figure 3.9. 8 and the following equations, Wamick (1984): 
't DislribJtor 
her '" Critica' head In ft or m 
h. - Distance from d2 to mlnlmYm T.W. in ft Or m 
h. • hb - ahcr It 01' m 
Z • et. distributor to minimum T.W. ft or m 
Z D h. + b:. Total draft head 
d,2 • Least dUimeter through shroud in It or m 
da • Discharge dlameter of runner in ft or m 
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Figure 3.9. 8 Experience curve for recommending tolnl draft head, Warnick (1984) 
3.9.5 Manufacturing procedures 
One company provides a useful approach for preliminary planning which is more a rule 
of thumb approach; that the submergence of the unit centreline. Warnick (1984) should 
be: 
Z = - kD (3.9.14) 
The manufacturing companies' all caution that the final design and the decision for 
setting elevation, together with the assignment for an admissible value of sigma, O'adm, 
should be carried out by the manufacturer because the manufacturer must be responsible 
for the guarantee for cavitation performance. 
The common design procedure at yet another company is to choose a setting lower by a 
safety margin according to the estimate of, Wamick (1984): 
(3.9. 15) 
This mathematical check is made in addition to the determination of Hs according to the 
inception of cavitation indicated by model tests. Such a precaution is to ensure that the 
prototype turbine wi ll be largely cavitation free. The safety margin I Hs I is chosen to 
compensate for uncertainty resulting from inaccuracies in manufacturing. The amount of 
IHsl is chosen with consideration of the turbine speed and the rated and operating heads. 
The company recommended that a value of 60' = O. J for low specific speed turbines and 
a 60' = 0.2 for high specific speed turbines be used. 
Applying the infonnation as given in turbine setting: 
H - H - H a = (l ~ $ 
H 
where: H, = 10.351 at Om altitude; 9.180 at lOOOm altitude 
H. = 0.174m at 15°C; 0.239m at 20°C; O.324m at 25°C 
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Figure 3.9. 9 Diffuser design 
The value of cr so determined is then limited by the plant sigma as given in Figure 3.9. I: 
N.JP 73S.J4rj 
N , = 5{4 = 5{4 = 232 
HMI/ II 
The graph of cr versus Ns is then reviewed and it is found that cr does not go below 0.7. 
This graph is misleading in the sense that the value of cr does not apply as it would for 
length Hs, but rather it applies at the turbine outlet I draft tube inlet at the corresponding 
value of Hs. Hs was then increased to 2m and the process repeated until such time that cr "'" 
0.1866, its limiting value for a turbine of Ns = 232. The final value of Hs was 5.8, with an 
associated cr of 0.1934. 
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This causes a corresponding change in Hnen and hence the avai lable hydraul ic power 
becomes: 
P=QM'=I;,gH "EIT =0.5x9810x I5.8=77.5kW 
And recalculating the specific speed where lloA = 0.855: 
73~775x 0.855 
Ns= ~. = 190 
15.8 
For a specific speed of Ns = 190, the corresponding limit ing cr = 0.108 and the true cr is: 
cr = 9.l x I0-5xNs 1.4 = 0. 1409 
Hence the cavitation parameter remains within acceptable limits. Applying the "safety 
factor" , Warnick ( 1984), and assuming a low specific speed: 
aH, = 158 
And Hs is reduced by 1.58 to 4.22m, which implies that the final Hnen = 14.22m 
Reapplying the Hill Curves, Warnick (1984), from Figure 2.4.2: 
P 
P.., = ' D' = 0.0032 pm 
gH 
E.., = (uD)' = 0.06 
Q 
Q.., = uD' = 0.058 
with H fixed at 14.22m and 0 fixed at 0.33656m the angular rotation is given by: 
9.81 x 14.22 1 
0.06 x 0.33656' = 143.3rads-
for the most efficient use of energy for the energy coefficient. 
For the calculation of the power coefficient, the most efficient angular velocity would be: 
P=QM'=mgH NEn" =0.5x98 10x14.22=69.75kW 
.rr= 69749 _ I 1 -I 
m= VPP.::i5' = I 000 x 0.0032 x 0.33656' - 754rads 
And for the flow coefficient, the most efficient angular velocity is: 
05 _ I 
0.058 x 0.33656' = 226.lrads 
70 
Any angular veloc ity exceeding 735rpm ;:: 77rads-1 is typically too high when compared 
to the conventionally designed turbine and it is likely that cavitation may develop due to 
the hi gh rotor ex it velocities. Typical examples of Kaplan turbines show rotational speeds 
in the region of 173rpm, which is much lower than that determined for the propeller 
turbine. 
Table 3.1: Typical turbine parameters 
Head Power 0 ru" [m] Q fm's ] ro(? "") ro(Q",,) ro(E",,) 
[m] [kW] [radS '] [cads'] [rads~'] 
1 10 200 0.560 2.3 70.87 225.8 72.2 
2 7 1500 2 25 24 53.9 16.9 
3 5 450 1.4 10 29 62 20 
4 6 150 0.7 10 2.9 63 139 44 
Table 3.2: Typical Kaplan turbine values 
Power [MW] Head [m] Speed [rpm] Max. 0runner (m] P"" 
1 20.9 37.5 2 14.3 3.25 0.005 
2 3. 16 5.35 125 3.6 0.0023 
3 18 16.15 125 4.88 0.0029 
4 5.6 2 1.0 250 2.44 0.0036 
5 26 29.25 166.7 4.29 0.0034 
6 3 1.5 30.5 166.7 4.35 0.003 
From Table 3.1 and Table 3.2 it is possible to determine that the smaller diameter turbines 
have the higher angular velocities and higher heads. Hence it can be assumed tbat the 
power is obtained from high velocities within the stator and rotor for the smaller turbines 
and power for the larger turbines is obtained from the volumetric flow. TypicaJl y then, 
the design of the smaller turbine would be according to the power and energy coefficients 
and the design of the larger diameter turbines would focus more on the flow coefficient 
efficiency. 
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3.10 Manufacturing the master patterns 
3.10.1 Defining the blade 
The manufacture of the master blade pattern began with a turbine blade generating 
program which calculated the points on the surface of the blade from several initial 
condition parameters related to the size of the piping and headstock and the flow rate and 
pressure difference across the turbine. The points were then converted for use by the 
manufacturer. 
The first potential manufacturing process that could be used to develop the blades is that 
of CNC machining. It was first proposed that the cutting tool path would have to run the 
length of the blade since the increment length along the blade is larger than that for the 
chord-wise increments. The ridges generated by the chord-wise increments should ideally 
run parallel to the fluid flow direction and avoid causing a turbulent boundary layer as 
would be promoted by the span-wise ridges. However, due to the required narrow radius 
of the ball-nose cutter, too many extra would be required to cut the blade. 
This would increase both data entry and machining time. The surface that is finished by 
span-wise milling wiiJ therefore require a ftnishing process to minimise the ridging and 
resultant turbulent boundary layer formation. After exhaustive research into the 
feasibility of machining the turbine blades using a three ax_is TNC Maho milling machine, 
it was concluded that it was not possible. The machine was not sufficiently versati le to 
cut in three-dimensional space due to the limitation on the number of controlled axes. 
Another manufacturing option was considered which involved the spark erosion process. 
This typically requires a "profile" at the top and bottom of the bi llet from which the 
object is to be cut. These points are then joined by a straight line, the wire, which is then 
capable of tracing the independent patterns on the two separate surfaces. The problem 
with this process is the straight line joining the two profiles. Furthermore, the joining of 
the two points needed to be within a certain angle limi t and a quick manipulation of the 
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program results revealed that this criteria was not met either. This was not true of the 
curvature of the blade caused by the twist of the profiles about the 30% stacking point. 
The process would have caused gross error in the shape of the blade. 
3.10.2 Profile fabricalion 
The program output format of the co-ordinates was then changed to suit a number of 
planes in the z-axis, the spacing of which was determined by the thickness of the 
supawood which was in turn determined from the degree of resolution required to 
produce accurate results. The resolution proved to be a function of the radius of the 
profile, each [x y] point was dependant apon a z value, and the angle of the blade relative 
to the ax is of rotation. This would be the equivalent of converting from cylindrical co-
ordinates to Cartesian co-ordinates. High resolution was obtained by using a combination 
of linear interpolation and projection. It was endeavoured to use points that were as close 
together as possible to perform the interpolation since the points were on a curve defined 
by the twist of the blade and were therefore not linearly related. 
The profiles were then placed next to each other with a constant spacing on a single 
sheet. The profiles would then be cut out of the single piece of supawood with a second 
cut , producing the blocks containing the profiles. The reason for this is that the design 
would allow the profiles to be stacked one on top of the other using the sizing of the 
profile blocks to locate the [x y] co-ordinates of the blade. 
The problem with this method is that it provided the artisan with a negative of the master 
pattern, which did not prove to be conducive to the remaining stages of production. It was 
decided that it would be more appropriate to develop a positive master pattern from 
which the wax patterns could be developed. A major problem encountered in this 
decision was in the stacking of the profile patterns. Each pattern had to be located with 
respec t to a single point on the profile and it became the task of the artisan to accurately 
aIjgn each profile with the angle associated with its z-displacement. Once this had been 
achieved, the profiJes were glued together. 
73 
3.10.3 Producing a master pattern 
The stage to follow covered the finali sation of the master blade pattern. This began with 
filling the gaps of the profiles with body filler. Once it had dried, the body filler and some 
of the profile were sanded down to get a master pattern shaped as closel y as possible te 
the computer generated model. These patterns were then prepared for the production of 
the wax patterns, adding a dovetail, reservoir and sprues for the wax moulding process. 
Once the blade shape had been completed it was necessary to determine what method 
was going to be used to attach the blades to the central hub. The initial consideration was 
to use dove-tailed slots that would slide into the hub for both the rotor and the stater. Two 
problems experienced with this design method were the limitation of space on the inner 
radius of the hub caused by the width of the dovetail and the second problem being the 
resultant lack of rigidity for the stator blades. The solution to these problems was a 
combination of reducing the size of the dovetail to allow a greater cross-sectional area 
between the dovetail slots on the hub and adding a "support ri ng" on the outer radius of 
the blades. 
Further points that are necessary to take into consideration when defining the size of the 
dovetail slots: 
1:1 The space limitation on the hub was partially solved by swopping the ro les of the 
"hub ring" and "outer ring" 
o The space limitation at the hub needed to be compared to the tangential displacement 
of the blade camber to check interference 
1:1 It was not required for a limitation to be placed on the blades to prevent displacement 
in an upstream direction. Although the force was not purely axiaJ , it did not cause the 
blades to move. However, a taper will be required for streamlining and will thus be 
used in a dual purpose as a preventative measure for the purpose of fluid flow. 
The steps to follow were for the development of the wax patterns and required that two 
separate moulds were made for the rotor and stator blades master patterns. These moulds 
were fab ricated from silicon rubber, by pouring flu id silicon into a coffer dam containing 
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firstly the rotor and then the stator blade and then allowing it to dry. The rubber was 
matched 10 the temperature tolerance of the wax that was to be used for mould ing. The 
wax was then heated in a separate container and poured into the cavity. A sufficient 
number of waxes for both the rOlOr and stator were made plus two additional blades of 
each, in case of mistakes. 
3.10.4 The blades 
Once having made the wax patterns, the decision as to how they were going to be 
converted from waxes to moulds was investigated. The options that were avai lable 
included sending the wax patterns out for production, developing the patterns into water 
or alcohol based shell-type investment, or to find another investment that required less in 
terms of lime and cost. Eventually, the decision made was based on cost and the 
remaining option was to purchase jewellery investment due to the reduced units of 
capacity in which it was sold relative to the amount required. The details of lh~ 
investment process are included in the appendix under manufacturing procedure for 
additional information. 
The casting process was then attempted. It was initially intended that the blades be cast 
by an external company, but due to cost limitations, the blades were to be cast in house. 
The first casting operation made use of the conduction furnaces, neither of which were 
large enough to heat both the casting and the crucible containing the bronze billets. 
Hence two furnaces were used to heat the crucible and the casting, which was morc 
suitable considering that they required different heating cycles. 
The heating cycle of the castings in order to remove the wax is provided in the appendix, 
but the period extended over some 10 hours in order to get the castings up to the pouring 
temperature. Considering that it took the furnace approximately the same time to heat to 
its maximum temperature, the process could not have been achieved much more quickly 
Due to overshoot error on the controller, the furnace exceeded its temperature tolerance 
and burnt out. The furnace that was run in parallel was not capable of the required 
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maximum temperature and it was intended to be used for pre-heating the crucible. The 
entire operation being dependent on the main furn ace was then abandoned when it fai led. 
The remaining option was to utilise the induction furnace. Before the operation was 
accepted, some concern was expressed as to the potential capaci ty of the furnace, since it 
only provided for small volumes. However the induction furnace promised to have a 
higher performance in terms of speed of heating. Another potential problem area of the 
induction furnace is that it does not have an automated controller. Any control process 
would have to be done manual ly and (he castings require that they be heated slowly to 
prevent temperature cracks. There is also the ri sk of the fluid solidifying on contact with 
the surface should the castings not be heated to the correct temperature. This 
solidification could adversely affect tbe surface tolerance of the blades and cause 
problems with the flow dynamics. 
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CHAPTER 4 
PROGRAMMING FOR BLADE DESIGN 
4.1 The governing equations 
The program for developing the blade angles for the rotor and slator is based on the free 
vortex des ign. The program firstly determines the diameters that would yield constant 
areas per segment for a predetermi ned number of segments. then the blade velocity at the 
mid-span of each. Once the tangential component of the absolute velocity of each 
segment through the stater had been determined, it was possible to determine the relevant 
blade angles, as shown in Figure 4. 1. 
CL, 0 
PI 






Figure 4. I Velocity t ria ngles 
Stator Blade 
The equations used to sel up the blade angles and velocity distributions are shown below: 
Free vortex: qr= const. 
Power: p= pAtad,CxUilC ... 
(4. \ ) 
(4. 2) 
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Angles: a, =atan(~') (4.3) 
(C. -Vb) PJ = a tan lex (4.4) 
p, =alan(~:) (4.5) 
Velocities: C •. ,= C, lan(a,) (4.6) 
Vb= nd rpm (4.7) 60 
Assume: C =0 ..., 
It is necessary at this point to remind the reader that segmenting the blade requires that 
each calculation that is perfonned for the forthcoming blade shape design will need to be 
appl ied 10 each section. Such design characteristics are easily accounted for in software 
that works with matrices. 
Once the blade angles have been determined they are then used to generate the required 
camber of the profile. At this point, it is necessary to consider the design of the blade 
shape. 
4.2 Program structure 
The aim of the program was to produce outputs of graphs and text files from which the 
blade shape may be taken. The outputs were to be derived directly from the initial 
conditions taken from an existing ri ver, such as values of pressure head, volumetric flow 
rate and flow rate. However, some knowledge of turbines is required to convert these 
conditions into turbine related dimensions. 
The next problem was to define the length of the stator chord as a function of the slator 
outlet angle, (ll, and the axial chord, which in the final analysis was taken as a constant 
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value. Recall that the stater outlet angle remains a function of the radius of the mid-span 






Figure 4. 2 Determining the stator arc length from the inlet a nd outlet angles 
a a 
180= 90+ 2+ L OAB = 90+ 2+ (90- a) 
LOAC = 90= LOAB + a, 
a =9O-LOAB= 90-(90- a)= a , 2 2 
This now allows for the calculation of the angle at which the stator chord will be 
positioned, and knowing that the chord length is set at a constant length, the profile shape 
design of the blade may follow. It is also necessary to stack the blade profi les about a 
certain point and this will be 30% of the arc length. The 30% value is typical of 
hydrodynamic flow about a profile, since the stacking point is typically aligned with the 
pitching moment of the profile to reduce the stress on the blade caused by the moment. 
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This process is repeated below for the rotor blade design. also with the pre-determined 
chord length. However. the process is slightly more complicated by the val ue of the 
entrant angle, V I . not being equal to zero. The calculation of the chord was then divided 
up into two vectors as shown in Figure 4. 3, the angles ~I and ~2 determined from the 
inlet angles. The calculation for determining the value of the 30% stacking point as 




Figure 4. 3 Determi ning the rotor a rc length rrom the inlet and outlet angles 
The section of program for the blade design was adjusted from being simply dependent 
on the chord length to being a constant. The reason for this was tbat the blade was 
becoming increasingly thicker at the tip in comparison to the hub because of the 
dependency of the profile thickness on the chord radius. The chord radius is a function of 
the turning angle of the blade, which decreases with increasing radius for a free vortex 
design. 
The two variables that effect the design in this instance are the dependency of the 
thickness on the ax ial chord and whether (t/c) is a fu nction of the chord. The examples 
shown below express the difference in the solidity for the different cases: 
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Figure 4. 4 Rotor Hub for case I 
Figure 4. 5 Rotor hub for case 2 
8 1 
Figure 4. 6 Rotor hub for case 3 
* Note that the number of blades shown is not an indication of the number of blades 
used in either the stator or rotor. The number was chosen simply to display the 
difference in the solidities of the various designs. 
1) variable chord 
tIc = tIc ( arc radius) 
@ IIISrpm,C, = 7.142ms' ,Cto,=600 
2) constant chord 
t ! c = t ! c ( arc radius) 
@ IllS rpm, C, = 7.142 ms·', Cto , = 600 
3) constant chord 
t!c=t!c(chord) 
@ IllS rpm, C,=7.142 ms', Cto, = 600 
There is no significant visible difference in the blade shape between cases 2 and 3, but 
there is a smaJl difference in the thickness of the blade affecting the profile performance. 
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The final selection of setting the chord length to a constant and having the profile 
thickness as a func tion of this chord rather than that of the arc length was determined 
more from a practical materials design theory in preference to fluid dynamic theory. 
Although the latter remains sati sfied since the importance of small variations in the 
max imum thickness are nOl considered to have an effect on the performance as 
significant as the radius of the circular arc for example. 
4.3 Profile Selection 
Once the circular arcs for each segment had been generated, it was necessary to find a 
profi le shape that most suited the purpose of hydrodynamics. Research into the most 
suitable profile shape revealed that the maximum thickness of the profile was to be at 
40% of the chord. A search for a collection of profiles on the Internet and in books was 
then initiated. It was not expected that it would be possible to find a collection of profiles 
that would suit the exact purpose of the turbine blades, because each shape was a function 
of a variable segment radius. The defauh option was then to select a profile that most 
closely matched the requirements and then to fonn it (Q match the inlet and outlet angles 
establ ish in the first programming segment. An option that would prove to be the most 
universal in its selection was the symmetrical profile. 
Once the profile had been selected from a collection of profiles downJoaded from an 
intemet site, http://aerolab, it had to be multiplied by a length vector to suit the length of 
the circular arc because each arc had a different length and it was necessary to conserve 
the length of the chord. 
The velocity distribution of each segment according to a free vortex distribution meant 
that the circular arc length increased with an increase in the rad ius of the segment from 
the hub. Once the unitary length profile had been multiplied by the circular arc length, the 
thickness of the profile increased with an increase in radius from the hub. This is poor 
design from a slructural viewpoint and was expected to lead to failure. 
The solution was to multiply the profile shape by a pre-determined length, such that the 
thickness distribution d,id not remain constant, rather the value of the maximum thickness 
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was retained as the constant. This yielded a blade shape that had a constant max_imum 
thickness along its length. The rounded edge is likely to be the cause of boundary layer 
separation at the tail, and may cause now turbulence for the rotor blades, which typically 
results in inefficiency. 
Furthermore, it was necessary to modify the tail of the profile for the purpose of 
machining or manufacture. The tapered edge of the tail was decidedly too thin to be 
machinable and it was proposed that it would just fold during the machining process. 
However, should the blades be cast, the thin edge may be a target area for air bubbles 
during casting and such a thin taper would bend during service. The tail of the profile was 
therefore rounded off to a suitab le radius. 
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Figu re 4. 7 The ribbing of the sy mmetric profile 
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Figure 4. 7 illustrates the initial blade from which the profile was adapted. This blade 
shape includes the changes that had been made to the original shape for the purpose of 
rounding the tail. The objective that followed was to "bend" the profile to the circular 
established by the segment of the program which defines the flow angles. This involved 
both translation and rotation of each of the ribs shown in Figure 4. 8. 
4.4 Geometric Representation 
Firstly the ri b was set at an angle matching the angle of the chord as determined by the 
flow angle calculations, then the centre point of the rib was trans lated from the chord to 
the circular arc, as shown in Figure 4. 8. Once p was known, it was possible to determine 
the location of point B. The angle was then used to determine the values of .1.x and .1.y, 
which al lowed the final locations of the profile points to be calculated. Thus the profile 
with a circular arc radius was developed. 
o C A 
x ~H+i-~~--------J "Y , -----------t U 
L'>x 
Figure 4. 8 Translation and rotation of ribbed joints for stator blade 
A similar principle was applied to the calculation of the translation and rotation of the 
ribbed points for the rotor blade although it was somewhat more complicated by the 
necessity to divide the chord vector into two segments. Figure 4. 9 shows the diagram 







Figure 4. 9 Translation a nd rotation of the rotor r ibbed points 
[0,0,0] 
S, Bxmat(iJ) 
Dtvarn I . y 
Dlvar IX I 
Figure 4. 10 Changing the plane of the ribbed points 
The points deveJoped thus far have only been defined in the z-plane with respect to their 
segment heights. The profiles do not have any radius fining them to the radius at which 
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the segment is situated. Due to the wrap effect of the radius, the x and z-values of the 
profile will be shifted and the blade shape altered. Figure 4. 10 shows the development of 
the diagram governing the equations which define the angle and magni tude of the 
required wrap. 
Once the blade had been converted from the stacking of flat z-planes to the curve of the 
radius of the respective segment, the profile was placed on the hub. The purpose of doing 
this was to determine the required number of blades from solidity. Once the blades had 
been stacked around the hub, it was easy to determine how many were required. Further 
programming was required to develop the blade pattern at the different angular 
increments. 
Once the blades had been stacked about the hub and the solidity determined, the 
manufacturing process of the blades could begin. It was frrst necessary to ascertain what 
manufacturing process was going to be used for the production of the blades. Once the 
choice had fallen in favour of the lost wax process, further programming was required. 
The program was developed to produce points that would be suitable for the z-planes 
associated with the stacking of 12mm thick supawood. 
These points had to be projected or interpolated from the radial stacking points of the 
existing bJade pattern, the preferred method yielding the higher accuracy. Due to the twist 
of the profi le aJong the length of the stack, the blade curvature was not a linear function, 
which reduced the accuracy of the linear interpolation and projection. The acuteness of 
the blade shape was therefore dependent on the level of shaping workmanship once it 
came to the production of the master pattern. 
The results of the linear interpolation and project program were then required in a format 
compatible with the .dwg or .dxj file formats. Once the points of each profile had been 
entered into computer they were joined using a spline function and stacked alongside 
each other, as they would be cut from a section of supawood. Once the profiJes had been 
cut, they were set up for the development of the master bJade patterns. 
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5.1 Experimental apparatus 
CHAPTER S 
EXPERIMENTAL RESULTS 
The experimental apparatus that has been used in laking measurements fro m the turbine 
is a dynarnometer and a computer. The dynamometer was used lO load the turb ine and 
crosscheck the results with those obtained on the computer. The computer results were 
generated by a strain gauge on the PTO shaft attached to the dynamometer, which fed 
values to a data acquisition card. The results were sent through a multiplier. verified by 
calibration and checked for linearity. These results produced the values for torque. The 
sampling frequency for rpm was analogue, since it al lowed the sampling to be performed 
in real time rather than digital, which would have required averages over a period of 
sampling time. Readings of pressure were measured by 6 static pressure gauges. 
The turbine itself was made in house with each critical part being fabricated within the 
workshop. Accessories such as gaskets. packing or bearings were purchased through 
external companies, and only the casting of the turbine blades was outsourced, this being 
after a number of attempts at casting the blades inhouse. The installation si te was set up 
by a previous project and so all that was required over and above the standardised turbine 
was a nozzle and a diffuser. These were made up to match the size of the outlet from the 
supply gate valve to the reducer and to match tbe size of the turbine outlet to the existing 
diffuser respectively. 
5.2 Objectives 
The objectives of the experiment will be to: 
I. Determine the efficiency of the lUrbine 
firstly at its predicted optimum operating range of 1115 rpm 
secondly through a range of rpm 
2. To determine the power output of the turbine: 
the maximum 
the variation of power output with rpm 
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3. The supply flow rate wi ll also be varied and measurements of efficiency 
determined 
4. The cavitation parameter will have to be carefully analysed due to the difference 
in the correct design and the existing design of the draft tube. This effect will have 
large implications on the efficiency and the level of interpretation of this effect 
may detennine the level of precision and accuracy of the design. 
5. Both hydraulic and mechanical efficiency must be calculated. 
Each of these processes will have ro take into account the volume flow rate of the water 
through the turbine. These measurements wi ll be taken in the form of differential pressure 
measurements within the nozzle, which is the supply pipe to the turbine. The temperature 
of the water will also have to be taken into account since it affects the vapour pressure of 
the water, which is critical to the cavitation limit. 
5.3 Experimental procedure 
5.3.1 Methods of water flow measurement 
Several methods are available for determining the velocity of the flow and the one that 
was selected for this experiment was the differential head method. The method requires 
that pressure measurements be taken at two or more points in the flow. A simple 
application of Bemoulli 's equation and an inclusion of various friction loss equations 
then yields the velocity of the flow. Then knowing the exact dimensions of the pipe 
within which the water flows, it is possible to determine the flow rate. 
5.3.2 Obtaining results 
Labels 1-5 shown in Figure 5.3.1 represent the points at which the static pressure gauges 
are placed and point 6 is the location of the PTO shaft. The pressure gauge read ings at 
points 2 and 3 are entered into the BernouUi equation and used ro calculate the velocities 
of the flow at points 2 and 3. 
Friction loss calculations are made for the losses in the concrete supply pipe, the gate 
valve and the tapered steel tube using the values of velocity calculated from Bemoull i 
and the solution is repeated unti l convergent. Pressure readings 2-3 are preferred for the 
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calculation, since the readings between gauges 1-2 and are likely to be less accurate since 
there is interference in the flow caused by the spade of the gate valve at point I, resul ting 




Figure 5.3. 1 Location of pressure gauges a nd stages 
2 
D 
Figure 5.3. 2 Turbulent flow characteristics 
Figure 5.3.2 shows the typical streamlines expected for the flow about the gate valve 
spade. Pressure gauge I is located approximately 1/3D downstream of the gale valve and 
will experience the highest proportion of the unstable and buffeting flow caused by the 
partially open gate valve. The local ised partial vacuum caused by the turbulent flow wi ll 
give a characteristically lower pressure at I, when compared to the pressure at 2 as the 
turbulence reduces as it progresses downstream. Therefore, unti l such time as the gate 
valve is in the fully open position, it is not feasible to take the pressure readings at gauge 
I for the purpose of determining the mass flow rate. 
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Even though the turbulence would still exist downstream at pressure gauges 2 and 3 it 
would stU l be more laminarised than the fl ow closer to the gate valve and measured at 
pressure gauge I. Therefore. the option of using the pressure readings from gauges 2-3 
would prove more accurate. The pipe diameters at which these gauges are located are 
known and hence it is possible to use Bernoulli 's equation and the conservation of mass 
equation to determine the mass flow rate. 
A dynamorneter was used to take readings of torque and rpm. The readings for the torque 
curves were divided up according to the free running rpm of the turbine into increments 
of 200rpm up to lOOOrpm and then a higher resolution of increments of 50rpm thereafter 
up to 1300rpm, since this was the critical design region. Thereafter, the dynamometer 
was limited to a maximum rpm rating of 1300rpm. It was decided that the maximum 
operating rpm of the dynamometer would be the pivotal point about which the gate valve 
would be opened to allow additional flow through thereafter. 
Due to an rpm limit on the dynamometer, the method of testing for no-load speeds above 
1300rprn was adopted as follows. By adjusting the gate valve under no-load conditions, 
sufficient flow was allowed through the turbine such that the speed reached the rpm limit 
of the dynamometer. Thereafter, a load was applied to the turbine until its peak: power 
output, causing a resultant reduction in the rpm. At this stage, the gate valve was then 
opened further until the rpm limit of the dynamometer was reached again. The process 
was repeated until the gate valve was opened fully and the peak power and torque of the 
turbine had been measured under the condition of a fully opened gate valve. 
The rpm measured at stal l condition as referred to in the tables of experimental results 
below and the chapters that follow therefore has the meaning of the rpm measured at the 
maximum torque and does not refer to the rpm measured at the maximum power output 
of the turbine. This will be seen in the figures of torque and power, where the power 
in itially increases with increas ing rpm, peaks and then decreases with increasing rpm in 
the shape of an inverted parabola. And the torque continues to increase in a closely 
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proponiona] relationship with the rpm. It is at the stage of the measurement of the 
maximum torque, that the rpm is measured and recorded as the rpm at stall condition. 
5.4 Experimental results 
The following test results were taken from the axial flow turbine test site. 
Table 5.1: Test Results - Test 1 on the 30/1112000 
Shaft power Stall Speed P1 P2 P3 P4 PS Pressure Hnett 
kW rpm kPa kPa kPa kPa kPa Coefficient m 
@ stall rpm Load 
C 21.1 ( ( .( -1.51 4.30 
O. 89. ( ( -( -1.43 4.431 
2.8 203. ( ( -( -1.09 4.59 
6.1 246. ( -1 0.42 4.98 
11. 309. 1 E -2C 0.59 5.85 
12.5 31 1C 2 1 -2C 0.54 6.18 
14. 343. 1 2 15 -2C 0 .51 6.50! 
16.5 381 1 2 1 1 -2 0.591 6.74 
19. 429.1 2C 3 25 1 ·2 0.52 7.48 
20.5 430. 2 3 2E 1 -2 0.49 7.79 
22.5 442. 3C 3 3( 2 ·2 0.44 8.01 
Figure S.4.1 shows the plots of the pressure distribution curves generated by the turbine 
during loading. PI shows the effect of the localised reduction in pressure caused by the 
turbulence resulting from the gate valve spade. P2 shows the highest pressure curve since 
p) is downstream of P2 and being located in a nozzle would show a rise in ve loci ty with a 
corresponding decrease in pressure. Similarly for P4, which would see a further reduction 
in pressure due to the work output from the turbine rotor. PS represents the decreasing 
vacuum pressure caused by larger volumes of mass flow, as the gate valve is opened to 
allow more water through. 
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Figure 5.4.1 Pressure vs Stall rpm Test 1 
The period between the first and second test included heavy rainfall and some settling of 
the draft tube piping occurred. marginally offsett ing the aJignment of the flanges joining 
the turbine diffuser and the draft tube pipe. The resultant air leak in the draft tube 
therefore caused a regulating effect on the vacuum pressure. resulting in the pressure 
leveling off as seen in Figure 5.4.2. 
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Table 5.2: Test results· Test 2 on the 14/1212000 
Shaft Dower Stall Soeed Pl P2 P3 P4 P5 Pressure Hnett 
kW rpm kPa kPa kPa kPa kPa Coefficient m 
@ stall rpm Load 
0.13C 4 ..<: -1.59 4.30 
0.609 6 C C C -1.45 4.431 
2.382 13 C C -1.09 4.59 
5.114 18 C C -0.78-< 4.801 
9.55 24 lC 2 1 -2C 0.61 6.12 
11.47 27 11 2 1 -2C 0.57 6.361 
13.36 30 1 2 lE 10 -2C 0.53 6.76 
14.50C 31 lE 2 H 1 -2C 0.50 6.91 
16.34 32 2C 3 21 1 -2C 0.46 7.141 
17.97 33 2 3 2E 2 -2C 0.401 7.79 
22.23E 41 2E 3 3C 20 -2C 0 .40 8.01 
44. 75 6 5 4 25 -2E 0 .89 9.89 
Figure 5.4.2 shows the plots of the pressure distribUlion curves generated by the turbine 
during loading for the second test carried out on the turbine. The pressure distribution 
curves are similar to those for the first test except for the leveling off of the pressure 
values around 400rpm, which is expected to be a result of the air leak affecting the 
vacuum pressure on the downstream side of the turbine. 
The general trend of the increase in pressure PI-P4 in Figure 5.4.1 and Figure 5.4.2 
indicates the increase in the static pressure, which corresponds lO an increase in mass 
flow rate. This is also refJected in the lower negative pressure Ps, which measures the 
vacuum pressure of the draft tube. The larger volume of water, as the turbine piping fil1s 
to capacity, has a larger mass, which in turn increases the vacuum pressure through (he 
draft tube. The increasing gradient of P1-P4 shows (he increase in the static pressure 








·_- IT··· .... - : - - P1 --P2 
-- P3 · ,' : 
- ----P4 · ~;L,---~ ····· 
- - - - - PS ' .1f' : 
.............. , ... . .. · ~J'~t/' ··· ...... . 
: '/ ' . . _.-' : 
. . .. _. -...... " .. ~ -- --...... _ .. -_.: ..... _ ... _. _. -' 
-10 ............................... , ............... , ................ , ............ . 
-20 . _. _ ........ ... :. _ .......... _ ... _ .•. _ ... _. _. _. _. _. _ .. ; ....... _. _. _. _ .. --~ _. -_ ... -_. --.. _. . - . -- . 
o 100 200 300 400 500 
rpm 
Figure 5.4.2 Pressure vs Slalll"pm - Test 2 
Figure 5.4.3 and Figure 5.4.4 showing the torque and power versus rpm curves were 
taken in real time, using a strain gauge attached to the shaft linking the dynamometer to 
the turbine. The plots show the points that were measured as well as the best-fit trend 
lines, which are typically a 2nd or 3rd order polynomials. The torque curves show a 
typically linear re lationship to the rpm and are spaced by setting the no-load rpm 
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Figure 5.4.3 Torque Curves Test 2: Range 400 - 1300rpm 
The power curves shown in Figure 5.4.4 expose an excellent progression of the 
maximum power output with an increase in the rpm up to the max.imum power output, 
which tapers off with increasing rpm. The decrease in the power output after the peak 
shows the limitations induced on the performance of (he turbine due to the limit on mass 
flow rate by the initial setting of the gate valve. Further restrictions are incurred by 
cavitation in the boundary layers on the blades and in the draft tube. This phenomenon is 
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Figure 5.4.4 Power Curves Test 2: Range 400 - 1300rpm 
The first equation that is required to analyse the above results is that of Bernoulli, 
governing the summation of the static and dynamic pressure heads. Since it may be 
assumed that PI - P6 are all set at the same height, the respective component of 
Bemoulli's equation. typically the potential energy, may be excluded. However, the 
losses for a section of tapered pipe and those for a gate valve should not be neglected. 
The various areas of losses are mentioned as follows: 
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I) Pressure losses through the gate valve, as the flow is converted from potential 
energy into kinetic energy at narrow gate valve openings. This is typicall y a 
function of the measure of the gate valve opening. Characteristic results are 
avai lable from which the curve of the loss coefficient may be extracted. 
2) Turbulent losses through the nozzle and following into the turbine. These can 
simply be measured by the frictional losses withi n a pipe. 
3) It has been well researched that the ideal flow condition through the turbine is 
laminar and flow that is turbulent tends to cause losses due to early separation 
from the blade surface, negatively affecting the pressure distribution. This tends 
to be more of a problem for airfoil blading, used in the design of the turbine under 
examination, when compared to momentum blading. 
4) At smaller gate valve openings, the turbine wi ll not be "flooded" and neither will 
the diffuser. The net result is very low draft tube efficiencies, since it is not 
possible to utilise the negative pressure of the draft tube due to the air cavity. 
Furthermore, the turbine itself will not be flooded, where only the lower hal f of 
the blades would receive water. This makes measurement of any results literally 
impossible until such time as the draft tube is flooded. It is therefore determined 
that the results which show that the draft tube is not completely flooded, typically 
when there pressure readings are zero, will be ignored. 
5) Losses from blade tip clearance. This would occur in both the stator and the rotor 
and is caused by excessive clearances between the blade tips and the outer wall. 
In these areas, the flow does not conform to the designed free vortex pattern and 
therefore does not produce any work. 
6) Losses caused by the shaft of the turbine restricting the flow on the outlet, 
resulting in turbulence in the draft tube and thus reducing its efficiency. However, 
these losses may be sufficiently small to neglect. 
7) Losses caused by the draft tube are expected to account for the first or second 
highest value of loss compared to that of the gate valve losses. The reason for this 
is that the draft tube efficiency affects the overall head of the turbine, which is 
directly proportional to the power. The design of the draft tube shape. cross-
section and setting has a large bearing on the cavitation coefficient. This is 
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typically what is used to define the efficiency of the draft tube, which is then 
cross-checked against the Bernoulli equat ion. 
8) Losses caused by the friction of the bearings~ namely the two radial bearings, the 
single thrust bearing and the rubber bush supporting the shaft overhang and 
additional frict ion losses due to the stuffing box packing running on the surface of 
the shaft 
9) Furthermore, when taking measurements, the PTO shaft and dynamometer incur 
their own losses, but these do not form part of the losses of the system since the 
voltage gain on the strain gauge is adjusted during calibration to read the exact 
measurements to within INm of torque. It is further assumed that drift is 
negligible and the measurements are repeatable. 
5.5 Precautions for the analysis 
o A mechanical efficiency of ll mech = 0.95 was assumed to take into account the 
friction losses in the two radial bearings, the single thrust bearing and the rubber 
bearing supporting the shaft within the stator hub. 
The rad.ial pressure distribution resulting from the swirl caused by the stator blade 
angles significantly affects the static pressure reading taken by gauge 4 and 
similarly at 5 as well . One of the criteria for good design stipUlates that the 
tangential velocity after the rotor will equal zero. However, this design condition 
wi 11 be suited only to the optimum design condition due to the blade angles being 
fixed and therefore any condition other than the optimum, will see Cw2 '# o. A 
pressure gradient exists to counteract the acceleration of a body of mass caused by 
the centrifugal forces inherent in the flow from the stator blades. The effect of lhis 
pressure distribution is to cause an increased pressure at the tip diameter of the 
blades. 
a In an attempt to account for this d.istribution, the author has developed the 
pressure distribution as a function of radius from a knowledge of the rpm and 
change in tangential veloci ty with respect to radius. These values have been 
developed in conjunction with the annular rings of equal area as determined by 
the free vortex design. Hence, when taking pressure readings and applying them 
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within the analysis, it was necessary to match the readings wi th the respective 
velocities. 
o The resolution of the pressure gauges was another source of error and these error 
bars are shown on the graphs of the gauge readings to show the degree of 
expected inaccuracy. 
o The values of losses through the gale valve cannot be assumed to be constant 
throughout the full operating range of the turbine since the gate valve acts like a 
nozzle for the initial stages of the gate valve opening, which requires a d.ifferent 
analysis of the losses. This characteristic is due to the condition that tbe flow 
recovers to "flooded pipe" conditions only after the flow has travelled a length of 
n diameters and the sudden contraction analysis is no longer sui table. It was 
therefore determined to develop a graph of the loss coefficient for the variation in 
value according to the degree of valve opening. 
o It must also be borne in mind that small differences will be found in the loss 
coefficient factor between tests and various diameters of gate valve. 
Generalisation of these results may therefore incur small errors. 
o The volume of the blades occupying the annular area of the stator and rotor must 
also be deducted. 
5.6 Analysis of the results 
The raw data were analysed as follows: 
Firstly, the velocity at point 3 - that is just before the stator, was calculated as shown 
below, by taking a streamline from the entrance to the supply pipe through to point 3, as a 
function of the pressure at 3 and the losses incurred before 3, such as the frict ion losses in 
the concrete and steel pipe and the "turbulence friction losses" through the gate valve. 
The values of the losses through the gate valve were extracted from typical test results 
taken from various values of gate valve opening. 
~ V0
2 ~ V/ 
- ' +-+Zo=-' +-+z tit +h +h pg 2g pg 2g 3 10-1 1.1 k, 
4jlU ' 
h/riction = 2Dg 
100 
Mass flow rate = pV,A, =PV,A3 
A 
=>V=V-' 
2 3 A 
2 
Note: the calculation of hr and V3 are interdependent and require simultaneous calculation 
to the point of conversion. Since this was not possible to determine in a typical 
spreadsheet, the columns were written out separately as the completion of the loop to 
solve the equation by convergence. Determination of the values of fric tion loss through 
the concrete and steel pipes required a calculation of the Reynolds number to allow the 
friction factor to be detennined. Since these values are dependant on the velocity of the 
flow for which they are determined, the minimum and maximum values were taken and 
the range of friction factors attained. The average value was then used as a constant 
throughout the range of mass flow rate. 
Following after this calculation was the determination of the values for V 2. Once the 
values for V3 had been calculated, there were then two methods by which the value of V2 
may be calculated, these were through continuity or solving for V2 in the same way in 
which V3 was solved. The difference between the two values was then an indication of 
the authenticity of the gauge readings and their respective calibration and lead to some 
insight as to the reason for some results, such as the losses across the rotor being 
negative. 
In Figure 5.4.5 and Figure 5.4.6 the plot of velocity versus rpm shows a general increase 
in ve locity. This is based on the experimental procedure as discussed earlier. The 
experiment was initialised by the no-load rpm being set and then a load applied to the 
turbine. The pressure measurements were taken once the turbine reached stall condition. 
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Therefore the increase in the velocity was a result of the increased mass flow rate, which 
was determined by setting the gate valve aperture, rather than the load on the turbine. 
The readings taken from pressure gauge P2 are irregular and indicate the turbulent effects 
of the gate valve on the downstream flow. The location of the pressure gauge at the top of 
the nozzle would also contribute to the irregular readings because it is the highest point 
immediately ahead of the turbine, which means it is subjected to the highest risk of 
cavitation. It is also the point along the streamline that is subjected to the highest 
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Figure 5.4.5 Velocity at Stage 2: Exhaust - Test 1 
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In Figure 5.4.5 and Figure 5.4.6, trend lines for V 4. V 5 and V E have been excluded since 
the values are caJculated on the basis of conti nu ity from the veloci ty calculations from 
V3. Therefore the only curve that has had a trend line fitted is V3guage. which represents 
the curve that is determined directly from the measured resu lts from the pressure gauge 
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Figure 5.4.6 Velocity at Stage 2: Exhaust - Test 2 
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Following on from these results, the values of the stator, rotor and draft tube losses were 
calculated. This was performed using the raw data values of the pressure readings along 
with the values of velocity calculated from continuity for the stator and rotor. These 
values were found to be very sensitive to the cross-sect ional area. 
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To calculate the draft tube efficiency, the loss coefficient was mult ipl ied by the veloci ty 
head, which gave the value of the draft tube loss and was compared to the values 
calculated according to Bernoulli. 
C _ O- Ps, +g(z, -Zs ) 
p - p(vl/2) (vl/2) 
where: 0 ;; atmospheric pressure or 0 gauge pressure 
Z6;; heigh t of draft tube exhaust modified to the location of the leakage 
~. v/ ~ v/ Ub, IlCw - + - + -4 ::: ---=:L + - + Z + It + --''----''-
pg 2g pg 2g 5 f.. g 
As a means to crosschecking the results, the friction losses of the piping before the 
turbine were summed with HNETf and the resul t expected to sum to the total pressure 
head. These results were impressively close, not varying by more than 1 %. When 
considering the pQ(entiaI inaccuracy of the pressure gauge readings and the potential 
inaccuracy in assuming an extrapolation for the values of the gate valve loss coefficient, 
these values are considered acceptable. Another method of crosschecking, was to sum the 
losses with the total pressure at point 3. 
As a separate check to the expected losses across the gate va1 ve at partial valve opening, 
the valve was assumed to act as a nozzle, in which case, the flow upstream of the valve 
was assumed static relative to the fl ow downstream of the valve. This allowed an 
estimation of the velocity through the valve. The velocity corresponded well to the 
velocity calculated from the mass flow, which takes into account the losses through the 
valve. 
The losses before the turbine headstock are a summation of the: 
I . head loss due to friction in the concrete supply pipe 
2. head loss corresponding to the gate valve opening fraction 
3. head loss in the steel nozzle 
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The trend in the sum of these losses is characteristically decreasing since the losses in the 
concrete pipe and steel nozzle are neglig ible in comparison to (hat caused by the gate 
valve. Hence the trend of the losses wi ll most closely follow the trend of the losses 
introduced by the gate valve, Figure 5.4.7. The trend of the gate valve losses is shown to 
decrease exponential ly with an increase in the opening fraction, Figure 5.4. 12. 
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Figure 5.4.7 Turbine Blade Losses - Test I 
The losses across the rotor, Figure 5.4.7 and stator, Figure 5.4.8, remain a function of the 
turbulence levels associated with the gate valve opening fraction . The initial peak in these 
values is most likely to be a resul t of the gate valve losses. The gradual increase in the 
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stater losses can be associated with the increase in the maSS flow rate as determined by 
the experimental procedure. 
The rise and fal l of the losses in the rotor may be caused by the inefficiency associated 
with the incorrect inlet angle as the blades rotate below their design rpm. As the mass 
flow increases, the velocity increases and causes the inlet angle of the fluid to swing 
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Figure 5.4.8 Turbine Blade Losses - Test 2 
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The rise and fall of the draft tube losses are a function of a slight leak in the join between 
two flanges along the draft tube. However, the more dominant effect on the losses is the 
condition of the draf( tube not being completely filled during the initial stages of testing 
where the gate valve is only opened a small fraction at lower rpm. 
Figure 5.4.9 shows the mass flow rate measured for both Test I and Test 2. Test 2 shows 
the efficiency curve right up to 930rpm, whereas Test I only shows the test up to 450 
rpm. The reason is that the test condition for Test I did not include running the turbine up 
to full load stall condition. Results are again determined according to the readings from 
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Figure 5.4. 9 Mass Flow Rate 
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The calculation of .6.Cw was determined using the mechanical efficiency as follows : 
~'raff 
Since the power at the shaft is known and the mechanical efficiency is assumed to be 
95%, mass flow rate is calculated from the determination of V 3 and Ub is measured 
directly through the dynamometer. 
These values of .6.Cw are then substituted into tbe hydraulic efficiency as follows: 
l;tUb8 Cw 
~hyd = QpgH,~ 
once the value of HNETT had been determined from the following equation: 
with VE being determined simply from continuity. 
The following efficiency is the total-to-total, or overall efficiency and represents the 
power conversion capability of the turbine, once the losses external to the turbine blade 
operation have been deducted. 
Figure 5.4.lO is a reflection of the efficiency of both the gate valve and the turbine. The 
initial low gradient of efficiency reflects the high losses caused by low gate va lve 
opening fractions. As the rpm is increased, which corresponds to an increase in the mass 
flow rate for the experiment, the effect of the gate valve losses fade and the efficiency 
curve of the turbine is exposed. 
The end of the efficiency curve corresponds to the maximum power output at stall 
condition. Due to a limitation on the dynamometer of the no-load rpm, it was not possible 
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Figure 5.4. 10 Hydraulic Efficiency 
Figure 5.4. 11 shows the plot of the power versus the efficiency and indicales a very 
steady increase in the efficiency with power output. It is expected that this curve would 
be more linear without the effect of the gate valve as discussed in Figure 5.4.10 and the 
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Figure 5.4. 11 Power versus Efficiency 
Figure 5.4.1 2 shows the plot of the gate valve loss factor used to detennine the value of 
the losses as a fu nction of the valve opening fraction and the velocity of the flow through 
the valve. The calculation of this fi gure was tied in with the cakulation of the friction 
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CHAPTER 6 
CONCLUSIONS AND RECOMMENDATIONS 
6.1 Conclusions about the design 
According (0 Figure 2.4.4 the category into which the turbine falls , when rated by head 
and power, is in the bulb units category but within close proximity to the category of 
conventional KapJan and propeller turbines. 
It is expected that this relation of values may be more appropriate than those shown by 
the Hill Curves, Warnick (1984), due to the difference in the rating of the turbine, 
assuming that these values are more suited to larger diameters of turbine with higher 
ratings. 
The rating of the Hill curves, Warnick (1984), is as follows: 
P 41400 
Pw = "=""j )' = 0.0851 
P Ol D 1",\ 925 :0 0.336' 
Q 054673 
Q"" = OlD' = (925 :0 )0.336' 
0.298 
gHNFIT 9.8 1x 9.89 
E .. = ( )' - , = 0.3364 
OlD ( ( 925 :0)0.336) 
The above real values do not feature at all in the regions of peak operating efficiency 
shown in Figure 2.4.2. This means that the turbine does not operate anywhere within its 
peak design efficiency range. The power, flow rate and energy coefficients can all be 
improved by an increase in both the rpm and the runner diameter. This deduction from 
the results is correct since this phenomenon was discussed during the design phase in 
Chapter 7.7.4. 
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It was expected that the efficiency of the turbine would suffer largely under the efficiency 
of the draft tube. Chapter 2.4.1 1 discusses the dimensioning of suitable, characteristic 
designs for draft tubes. Unfortunately, this area in particular has not been implemented 
due to the existence of the current draft tube installation. 
It would seem that the airfoi l design of turbine blading is better due to the close 
approximation of the measured efficiency to the design efficiency, in spite of the 
uncharacteristic sources of losses for typ ical turbine design. It shows that ai rfo il blading 
has a more efficient pressure distribution capacity than that of the typical momentum 
design. 
6.2 Conclusion: Experimental Results 
The experimental results exposed the concern that existed over the locat ion of the 
pressure gauges. The opening fract ion of the gate valve played a dominant role in the 
condition of the flow for smaller mass flow rates and consequently affected the overall 
efficiency. The general trends of the results fo llowed the theoretical predictions. The 
pressures upstream of the turbine increased steadily with an increase in the mass flow rate 
and the negative draft tube pressure also decreased steadily. Unfortunately the effect of 
the leak. between two of the draft tube flanges, caused a governing effect on the negative 
pressure and resulted in some shortcoming in the power produced by the tu rbine. The 
profiled design of the turbine rotor and stator blades gave smooth curves for the power 
and torque curves as well as for the hydraulic efficiency and power curves. 
The results show the importance of the need for laminar flow through the turbine and for 
an effective draft tube design. The flow pattern caused by the gate valve was typically 
buffeting and unstable and the leak. in the draft tube resulted in a lower pressure drop 
across the turbine and therefore a lower power output The losses across the turbine are 
minimal in comparison to the pre-turbine losses and indicate a successful design. 
It was not possible to assume that the turbine was fl ooded al al l times during the course 
of the testing phase. The reason for th is is the li mit that the gate valve placed on the flow 
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rale, tending to act as a pressure regulator. The large losses induce by the orifice of the 
valve had very large and very negative effects on the performance of the turbine, to such 
a degree, that it was determined that the first four read.ings, which were yielding OkPa 
pressure readings would be ignored for the purpose of analysis. This was plausible when 
considering the additional exaggeration of the error caused by the pressure valves being 
placed at the top of the piping, rather than on the side where a more accurate reading may 
be obtained, by the reasoning of averaging. 
Furthermore, the readings from pressure gauge 2 show large inconsistencies, seen in 
Figure 5.4.6, when compared with the expected results obtained from continuity from the 
reading of gauge 3. This effect was expected and the reason for it explained in Figure 
5.3.2. 
The difference in the losses of the draft tube, when compared to the typical losses seen in 
conventional designs, may be accounted for by the fact that a significant leakage existed 
in the piping system just after the first diffuser expansion, shown in Drawing 1. The cause 
of this leakage was a misahgnment of the diffuser flange with the draft tube flange. The 
two potential causes of such an error, were settling of the draft tube, which may have 
occurred due to previous flooding conditions, or a misalignment inLroduced during 
welding of the flange to tbe diffuser. This may have occurred in spite of the flange being 
spot welded in situe. 
An expected direct result of this leakage is to incur the action of a pressure regulator. As 
the mass flow through the turbine increases, the vacuum caused by the draft tube also 
increases and therefore draws more air into the flow than for lower flow rates. It is 
expected that this action is the reason for the consistent readings taken from gauge No. 5. 
Due to the consistency of the readings, it was suspected that the gauge itself was in error 
and it was therefore cal ibrated, with the results showing the gauge to be accurate. 
The value of the gate valve opening-frac tion had a large effect on the overal l efficiency 
of the tu rbine with the losses introduced by the valve being the highest source of losses in 
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the system. For this reason, it was attempted to back-calculate the value of the gate valve 
opening by making it an int rinsic part of the determination of the velocity calculated 
according to the Bemoulli analysis. This required an expression of the mass flow rate as 
we·lI as the respective area as functions of the valve loss coefficient, as shown below. 
If the area of the orifice may be expressed by the equation: 
" 2 o( Jr 2 28 1 ( D )( D . )) 





and: x = displacement of the gate valve spade 





x = 6.3782 
where: k = valve loss coefficient, Massey (1968) 
such that: A., = f(k) and V.' = f(k) 
The problem with such an approach is that the dependence of the flow rate on the initial 
estimate of the value of k does not converge. Rather, the value of k converges as x tends 
to zero and no longer provides a useful insight into the trending value of k. 
The fi nal approach to the determination of the value of k was to halve the maximum 
opening area of the valve in parallel with the values of power, which correlate closely 
with increments in rpm, which is intimately linked to the mass flow rate. Then, the area 
opening was divided up according to the number of increments of the free running speed. 
These extracted values of valve opening were then used to determine the values of k. 
If the effect of the gate valve is to reduce the efficiency of the turbine and similarly for 
the draft tube, then it is expected that the shape of the power vs efficiency curve shown in 
Figure 5.4.1 1 will be influenced by these two additional factors. As seen by the 
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exponential shape of the curve in Figure 5.4.12, showing the loss coefficient of the valve 
as a function of the valve opening, the expected effect of the valve efficiency on the 
overall efficiency would be to fac tor the losses by exponential ly decreasing the reduction 
of efficiency for larger mass flow rates. 
Two of the final loss calculations for the rotor are calculated to be negative. These 
negative values have been approved by virtue of the reasoning that the errors in the 
pressure gauge readings caused by the low resolution as wel1 as the rapid fluctuation of 
the gauge needle will cause the recorded readings to be incorrect by a fac tor of +/- 2kPa. 
The relative magnitude of these factors are shown in (he error bars added to the readings 
taken from pressure gauge 3 as shown in Figure 5.4.1 and Figure 5.4.2. In addition, the 
mass flow rate has been based on the reading of pressure gauge 3, which implies that any 
errors in the reading of pressure gauge 3 is carried through to the comparison of the other 
readings. 
Due to a leak being discovered in the pipeline after the rotor, between the wide-angle 
diffuser and the exhaust diffuser, the following reasoning was applied to the analysis of 
the results: 
Let: P6::; atmospheric pressure at the location of the leak in the pipe 
P7 ::; the pressure at the exhaust dump side of the exhaust diffuser, then: 
~, VS2 ~. V62 
-+-+z =-+-+ "-6+ h 
pg 2g 5 pg 2g J~ 
~6 V62 Ps, V7
2 
- +-+Zt;=-+ - +z + h 
pg 2g pg 2g 7 k, 
Assuming that Zs is the reference plane and that P6 is at atmospheric pressure, then: 
V. 2 V 2 
-'-+ Ztl = _7_ + Z + h and 
2g 2g 7 f t;-l 
~, VS2 V7
2 
-+-+<:s=-+z +h +h pg 2g 2g 7 ft;-l f5-4 
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However, if it cannot be assumed that P6 = 0, then the analysis is as follows: 
~~/ ~V/ - ' +---+z = -' +-+ ~ +h 
pg 2g , pg 2g f~ 




-+-+Zs=-+z +11 +Iz pg 2g 2g 7 /('-1 /H 
This implies that the determination of HNETI will be the same for the case of the leak in 
the pipe, as that for the case where there is no leak in the pipe. 
However, the leak in the pipe does have an effect on the draft tube efficiency. A 
Bernoulli analysis from 5-6 reveals the typical values of the draft tube losses and is 
compared against the value of the losses taken from the pressure coefficient, with 
differences ranging from 0.03m (0 0.5m head. 
The test results of torque and rpm reveal a fluctuation at the stall point. The overshoot is 
expected to be generated by the momentum of the water causing higher axial veloci ties 
than what would be attainable at equilibrium. Once the momentum is lost, the pressure 
builds up and a slight decrease in power is seen to occur off the maximum overshoot. 
This is typical of the problems associated with the governing of the turbine. 
6.3 Recommendations 
Tht; turbine performance can be improved simply by minimising the losses. This can be 
achieved through a number of ways, discussed in the following paragraphs. 
Further filtering of the water - such as making the grid at the entrance to the inlet pipe of 
a slightly finer mesh. Although this will tend to begin to limit the flow when the amount 
of debris builds up on the grid, it is much easier to keep clean when compared to hav ing 
to repair damages to the turbine itself, even if the comparison is purely on an accessibility 
level and ignoring the effort of repairing damages to the turbine itself. 
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Laminar flow characteristics could be beneficial, not only to the operation of (he turbine 
itself, but also to the reduction of the losses due to friction. A filter grid is needed to 
improve the laminarization of the flow entering the nozzle, at the expense of a smaJl 
pressure drop, but would not be able to ca.use the flow to be entirely laminar due 
additionaJly to the velocity of the flow causing high Reynolds numbers and fa lling into 
the region of turbulent flow. 
An unexpectedly high amount of heating of the thrust bearing occurred during the 
operation of the turbine. Due to the damage that can be caused in this instance, where the 
heating causes the grease to carbonize and no longer provide sufficient lubrication, it is 
necessary to provide cooling. This can quite easily be provided by including a water 
jacket around the thrust bearing, supplied in a manner similar to that of the cooling water 
for the stuffing box. A pipe tapped from the high~pressure side of the flow, directed 
through the water jacket and returned to the low-pressure side. 
Balancing of the turbine rotor may further eliminate vibration within the system. 
Vibration noise tends to initiate premature turbulence, if the flow Reynolds number is 
near the laminar to turbulent transition. Thus balancing of the turbine, may not only help 
reduce the amount of mechanical work lost, but also the amount of friction losses, when 
comparing turbulent and laminar fricti on losses. 
Optimising the design of the draft tube, as di scussed in Chapter 2.4.11 and following, 
would further increase the efficiency of the turbine, since the power is proportionaJ to the 
head. Optimisation of the draft tube design is covered in the aforementioned chapter. 
Being able to restrict the fl ow within the draft LUbe during partial gate valve opening to 
ensure that the turbine remain "flooded" during the full range of its potential operating 
condi tions, would increase the efficiency. When the turbine is not flooded, the presence 
of an air gap implies that not all the blades are producing work at any given point in time. 
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The turbine should also be disassembled periodically to check for debris restricting the 
flow, to check the stuffing box packing and the bearings should be replaced as 
recommended in the bearing design chapter. 
Eliminating the leak found in the draft tube pipeline would change the power output, 
since it would raise the level of the vacuum caused by the exhaust water although such a 
high vacuum may cause cavitation due to localised low pressure gradients which will 
result in a decrease in efficiency. 
The location of the high-pressure feeder pipe should be in such a position that it is 
capable of supplying the stuffing box with water even when the level of the water is not 
at its peak. for example when the turbine is run at lower volumetric flow rates. 
Likewise for the pressure gauges, but this applies more to the flooding of the gauge itself, 
where it is necessary to bleed the air fro m the gauge. Although it should also be borne in 
mind that there is much debris and sand that flows with the water in spite of the gate 
upstream of the pipe inlet which filters larger debris. Should any of this enter the pressure 
gauge, it is bound to cause failure. Tt is therefore recommended that the gauges be placed 
halfway up the side of the pipe. 
The final results of Figure 5.4.11 show an overlay of the valve, turbine and draft tube 
efficiencies. It is believed that a higher overall efficiency may be attained if the leak in 
the draft tube as well as the draft tube itself were modified to suit the ideal case as 
discussed in previous sections. 
Finally, the governing of the turbine is the method of smoothing the power output such 
that the rpm may be set at 50Hz with minimal variations in power. This is necessary in 
terms of the power driven components supplied by the turbine. For this particular turbine, 
with its characteristically high torque at fairly low rpm, gearing to achieve the required 
50Hz should prove to be a very productive task. However, as mentioned in the 
introduction, it was not required that this topic be researched. 
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7.1 Curtain plate 
CHAPTER 7 
APPENDIX 
Since the curtain plate, drawing 10, is to be welded on both edges, the plate has been 
analysed according to that of a beam of unit length clamped at both ends with a uniform 
load distribution as shown in Figure A 7 .1. I below: 
q 
337mm 
Figure A 7.1. 1 Uniform load distribution along curtain plate 
at x=O : v=O, V = qL v'=O 
2 ' 
at x=L : v=O. V = qL • v'=O 
2 
Eiv"" = q 
Eiv '" :;;; . V:;;; qx+c/ 
, 









From ECI (7. 1. 4) at x;::O v ';::0 ;::> C3 ;::O 
from Eq (7.1. 5) at x;::O v;::() ;::> C4 ;::O 
from Eq (7.1.2) - qL=Oq+c, ~ 
2 
Substituting into Eq (7.1. 5) at x;::L: 
Maximum moment: 
M = _ qx' + qLx _ qL' 
2 2 12 
dM qL 
--;:: 0 ;:: - qx+-
d.x 2 
qL' 
M =-(x-L/2) 24 
Maximum shear force: 
v ='l..CL-2x) 
2 
qL c ;::--, 2 
qx4 x 3 x 2 
O=--+ c,-+c,-
24 6 2 
L x ;::-











For flow that is turned through 90° and having velociti es normal to the flow areas, the 
momentum equation can be written as follows: 
Then the force of the fluid on the pipe as it undergoes a change in flow direction is: 
- -




Since the curtain plate is si tuated along the bend' s axis and only subtends 45°, the force 
acting on the curtain plate can be expected to be 'A of that acting on the pipe. The plate 
only effects half of the turning angle of the pipe and half o f the fluid volume. 
121 
8400 
q = =5.12Nlmm 
4x41O 
where: 41 Omm is the length of the plate; see Drawing 10 
Therefore: Mmax;;;; 48.5Nm 
Using an En 57 carbon steel: Su=850MPa & Sy=680Mpa 
cr, = "" = S.W.L. = 1/3Su = 283.3MPa 
My 6M 




(J$hMr =A d=~ u ,b 
=9mm 
say lOmm plate thickness 
(7.1. 9) 
(7.1. 10) 
where: b is the plate width which is the length 406 under the shear loading condition 
A lOmm thickness was chosen since it is a standard plate size and satisfies both moment 
and shear force cri teria. 
7.2 Bearing Design 
The design of the bearing li fe is based on a thrust bearing li fe of 3 years, which translates 
into: 3x365X24 = 26 280 hours 
26280 hrs => fh =3.74 
n = 450 rpm => f, = 0.42 
c= / , p = 224400N 
/ " 
[fh = time factor] 




where: P = bearing load = 25 200N [value of Frunning as determined in 7.6 Shaft Design]. 
(Note the bearing load bas not been modified by X& Y factors since these factors are not 
appl icable for thrust bearings. ] 
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Single direction thrust bearing: selected bearing # NS K 53413U 
c, = 234 OOON 
Abutment diameter = 11 Ornm 
l.D. = 65mm 
O.D.= 140mm 
Washer aJignjng seat diameter = 145mm 
5526N 
F. I 
320mm 70mm I 
~ 
Figure A7.2. 1 Bearing I Pulley configuration 
• The value of 320mrn is set by the distance between the radiaJ bearing mounting 
plates but the value of 70mm is set assuming that the chain drive sprocket is set 
out 26mm from the backing plate of bearing Fr3. 
• Due to the difference in magnitude of the bearing loads it is advisable to alternate 
the bearings when servicing the pump. 
Table 7. 1 Design equations, NSK (1970) 
Bearing #2 Bearing #3 
(- I )(70)(5526) + ( I )(320)(Fa) = 0 ( I )(320)(F,,) + (-I )(390)(5526) = 0 
=> Fa = 1209N => F" = 6735N 
f - f "C 0.42 x 52500 f = f "C 0.42 x 52500 = = , -
1209 ' P 6735 P 
= 18.24 = 3.274 
Bearing will run for the life of the pump L = 500 x 3.274' = 2years 
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It is desired that the bearing, which absorbs radial loading and fac ilitates the locating of 
the shaft, be as close as possible to the thrust bearing, for the benefit of the thrust bearing. 
Bearing selection was based on the necessity to have bearings 2&3 the same to satisfy the 
dimensional constraints of the system, once the loading had been determined. 
The size of the square flange bearing is very well sui ted to the bearing pedestal design 
feature in that it allows for the bolt holes of the seating plate to correspond to the boil 
ho les of the welded plate. This means it is not necessary to attach the bearing to an 
intermediate plate and then attach this plate to the welded plate. The bearing may be 
bolted directly to the welded plate. The benefit of doing this is to reduce the number of 
bolt holes and the machining thereof, and to avoid the necessity for additional plates. This 
was most practical from a dimensional viewpoint which means that the plates need only 
be included if diaphragm bending occurs. Having bearings 2&3, the two radial bearings 
of the same size, allows for; all three of the bearings to be drawn out of the pedestal, 
interchangeabi lity of bearings 2&3 and simplifies ordering of the bearings. Hence the 
final bearing selection is for (2 of): square flange bearing #CUCF2I 2+C+CE 
where: L = 173mm 
=> R2 = (143' +143')' +(175-143) 
= 234.23 
J = 143mm 
=> P.C.D. = (143'+143')' 
= 202.23mm 
A3 = 68.7mm 
Cc= 52 500N 
Distance across the corners 
Distance between hole centres 
Width 
Radial load rating 
Drawings 12 and 16 show the bearing tube and thrust bearing housing respectively. 
7.3 Pre-Ioad spring 
The magnitude of the required spring force is determined by the equation, NSK ( 1977): 
F = Coo _'_'_ ( )' a min 100 Nnw; = 495000 ( 450 ) ' 100 1100 (7.3. J) 
= 830N 
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F,,". =C~ )=495N 
Therefore use the larger value: 830N 
where: Famin = minimum axial load (N) 
Con = Basic static load rating (N) 
Nlllax = limiting speed (rpm) 
It is noted that this force does not exceed the maximum permissible axial force of the 
square flange bearing. The calculations of thrust bearing design have not been revised to 
include the additional loading since it accounts fo r only 3% of the final load and 0.4% of 
the Basic Load Rating. 
Radial limitations: spring I.D. = 60mm; O.D.=75mm 
=> maximum spring thickness = 7.5mm 
maximum allowable compressed length = 48mm 
minimum force at compressed state::; 830N 
NOTE: the spring is required to be cone shaped at an angle of 20 degrees included 
in its compressed state. This can be seen in drawing 17. 
Selecting a spring wire diameter of 7.5mm: 
c= Did = 6017.5 =8 
The nomogram for close helical springs yields: kw = 1.182 
= 8x830x 60 x 1.182 
7! x 7.53 
= 355.3MPa 
where: 't = max. Shear stress in wire 
P = applied load 
D = mean diameter of spring; 
kw = Wahl::: s factor 
d = wire diameter 
(7.3. 2) 
This value was checked as correct against lhe nomogram value of 362MPa. and hence 
this value of stress is acceptable. 
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7.4 Bearing pedestal design 
The nearest fitting pipe diameter that suits the bearing size - including wall thickness, 
bolt holes and castellation - is the 250mm nominal bore. A large wall thickness is 
selected to minimise bending and ensure a rigid structure for plate welding. The bearing 
pedestal is shown in Drawing 12. 
7.4.1 Design of the diaphragm plates 
Plate # 1: 
Seating plate - distance between flat surfaces: 177mm 
castellation O.D. = 238mm 
M 16 bolts at P.C.D. of 202.24mm 
plate thickness ;;;; 80rnm 
castellation steps to set at 45° intervals with bolt hole centres at 90° intervals 
beginning at 0° at top dead centre 
thickness selected on basis of the thickness necessary to house the bearing and 
provide a shoulder for the thrust bearing 
Welded plate - 0.0. = 254.46mm (Pipe I.D. = 254.46mm) 
Distance between flat surfaces = 177mm 
castellation 0.0. = 238mm 
thickness = 25mm 
To avo id increasing costs it is advisable to use the dropout from the cutting of the welded 
plate for the seating plate, if abuse of the square flange bearings proves that these plates 
are necessary. This should then be done for all three of the plates. 
Plate #2&3: 
Seating plate - castellation d.imensions are set by plate # 1 and used for plates 2&3 
to s implify manufacturing processes. 
plate thickness adapted to the pipe wall thickness 10 ISmm for both seati ng plate 
and welded plate 
M 16 bolts at P.C.o 202.23mm 
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Note: when welding the seating plates into the pipe, the plates must be orientated the 
same as the thmst bearing plate. This facilita tes the ease of access to the mounting 
bolts through the windows; 
and ensure that the grease nipple faces directly out the window for ease of access. 
7.4.2 Calculating the stress of the plate supporting the thrust bear ing 
Due to the castellated shape of the annular plate, each castellation is considered as a 
cantilever beam with the following dimensions: 
width = 80mm 
length = 38.73mm 






ne bd 2 
6300 





cr = crs+ crm= 3. 15+ 19.73 
depth = 25mm 
load length = 26.1 mm 
(applied load = 25 200/4N) 
= 22.88Mpa => therefore cantilever failure will not occur 
(7.4. 1) 
(7.4. 2) 
Such a low stress is suitable, even for a plain carbon steel such as EnS, since it leads to a 
high rigidity for backing plate #1 and this is desirable for the safety of bearings 2&3 as 
discussed under bearing selection. Backing plate thicknesses for bearings 2&3 were 
similarly selected, i.e. primarily due to rigidity and uniformity of heat dissipation during 
welding. 
The axial loading is in one direction only and hence the bolts serve only to cenlralise the 
bearing. For an MS bolt with Sy = 200Mpa (a relatively low stress) a shear force -
equivalent to a radial force- of IOkN could be supported. This amounts to 40kN for the 
four bolts used, a load which will not be encountered. Thus the final selection of bolt will 
adequately support the load; also investigated in the bearing selection section. 
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7.5 Drive Train Shaft Design 
lnitially the option of using belts for the power transmiss ion was considered. The method 
by which this was done is outlined below. In knowing the speeds and the power to 
transmi t one may select a suitable belt tension that corresponds to the manufacturers 
specifications for a., p or y type belts. Professional advice was obtained for the final 
selection and this yielded a final cost of R2136 for one 500mm, one 250mm diameter 
pulley and 4 SPC belts. The proposition was re-evaluated for power transmission by 
chain. This seemed more viable since chains are more suited to low speed, high torque 
applications. 
Assume the following: 
drive sprocket diameter = 307mm 
driven pulley diameter = 154mm 
trip lex chain P.C. = 25.4mm 
Chain velocity: 




wh(:re: N = # teeth 
. T= IOOOP 
Chmn pull v 
= 7.239ml s 
IOOO x 40 
7.239 
= 5525.6N 
where: P = power in kW (safety fac tor incl.) 
(7.5. I) 
(7.5.2) 
The resultant cost analysis showed that the chain option was R31 2 more expensive than 
the belt option but; did not require a belt tens ioner. avoided slip problems, requ ired no 
additional fabrication and had a longer life than the belts. Hence power transmission by 
chain was selected in the initial design phases. However in later des ign stages, it was 
independently determined that the rotational speed of the turbine was to be increased to 
llOOrpm. At this speed, the chain option ran the risk of severe chain slap and it was 
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elected to opt for the belt drive, should the driven component reqUire an increase in 
speed, or simply a direct flexible coupling, were the dri ven component to run at the same 
rpm. For example a water pump. 
Shaft diameter at the pulley: 
=[32 X2 (1.8 X5525* 26) ' +( I.4X85()()()())' ]Y, 
Jr 425 680 
= 33.54mm 
where: kt = bending factor 
kts = torque factor 
(7.5.3) 
These calculatio ns show that a shaft diameter of, say 35mm, would adequately support 
the load. 
7.6 Shaft Design 
The shaft material is chosen as En 57 steel with parameters: Su = 850Mpa, S), = 680Mpa, 
BHN=246 
shaft load: F~ = PA 
at F running 
= 0.1 1r 400' 
4 
= 12.6kN 
= 2xF,-" = 2x12.6 = 25.2kN 
where: Fax = axial compressive force 
P = static pressure 
A = area 
Torque: 
P = mT 








Chain pull = 5525.625N [as calculated in section 7.5 Drive train shaft design] 
Using the residual stress method to solve for the shaft stress for static loads: 
Torsional stress: T = 16~ I 
m/ 
where: MI = torque 
Tensile slress: (J = f..... 
A 
where: F = axial force 
A = tensile stress area 
B d
· 32M 
en mg stress: a = --,-
trd 
where: M = bending moment 
For a shaft diameter of SOrnm: 
= 2x850x lxO.73xO.927xlxO.897x l 
= 258MPa 
where: Sn = stress at 106 cycles 
Sn:: = ultimate tensile strength 




Constants are for factors of: load, surface finish, size. temperature. rel iabi li ty and 
miscellaneous respectively 
~ = 16 x850x 1000 K 
lr503 f 
=5 1.95MPa 
where: Kf = torsion factor = 1.5 




where: Kf = axial load faclo r = 2 
32x5525.6x26 K a -
b - n503 I 
= 23.4MPa 
where: Kr = bending factor = 2 
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t1b = Uall ;;;; 72.D4Mpa 








72.04 + 40.68 258 
850 
=3.06 
where: Sa = stress at 106 cycles 
Minimum shaft diameter at the rotor: 
d=[32; (¥.)'.(~rr 
=[32X2 (1.8XO)' +(1.4X850000)' ]Y, 
rr 425 680 




These calculations show that a shaft diameter of 50mm would adequately support the 
load. Bearing sizes require larger shaft diameters (60-6Smm) and the resultant steps in the 
shaft cause high stress concentrations due to the changes in the shaft diameters, which 
can be reduced simply by selecting the largest possible fillet radii. This is possible at all 
radii except for the fillet radius at the thrust bearing which is specified as less than or 
equal to 2mm. 
The final shaft dimensions are shown in Drawing 3. 
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7.7 Rotor and Stator design 
7.7.1 Determining the axial flow velocity 
The design of the turbine blades does not begin or end in a single place, rather it is a 
process of continuous refinement whereby the initial conditions are used as the starting 
block and the designer is faced with the decisions of what design factors are going to take 
preference. The design theory that follows may therefore, in some cases, be repeated. hut 
with a minor or major change to a single design criteria. Drawings of the stator and rotor 
blades are shown in Drawing 5 and 7 respectively. 
The first stage of the design detennines the area in which the blades will operate. This is 
pre-detennined by the limitations set by the project supervisor for the pipe diameter and 
the required size of the nosecone. 
- Reducer Stator and rotor 
blades 
Noseconc '--"""'""""'1""==* 121 0336.56 
Figure A7.7. J Limitations on the diameter 
Annular area: .40;;; AI - A:z;;; :(D; - Vi )= 77 465mm2 
from this value, the blade area is subtracted: 
blade area ;;;; height x width at thickest point x # of blades 
= 107.78 x 12.2 x 7 = 9 204mm' 
therefore: annular area = 68 261mm2. 
The area of the blade is determined from an initial guess based on the initial blade shape 
determined from the program. This is also based on a first estimation. Once the annular 
area has been determined, the value of the axial flow is calculated: 
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Ct in the main pipe = 2.5ms·1 
p,A,C. = p, A,C, -, , (7.7. I) 
" 400' A, -,4=-== C =C -= 25- -4.60 
X2 XI ~ 68261 
Were it now assumed that I extra blade was used, bringing the number of blades to a total 
of 8, as well as assuming the following constants: 
C, = 8ms', 735 rpm and <Xo, = 60'; 
p= Q~P= (pACJU.~C. 
(40000/8) = 1000 (77 465E-6/8) x 8 X Ub X ( 13.9 - 0 ) 
Ub = 5000 1 1073.4 = 4.658ms' 
which translates into: 735 rpm AT CXol = 60° 
1273 rpm AT <Xo, = 45' 







Figure A 7.7.2 Stages of turbine 




· - IOOO x O.077465 I C,~C. 




V,C. = 40000 
g 77.465 18C, 
from Eq (7.7. I) and Eq (7.7. 2) 
C 2 C 2 40000 
10+ -"-= 2 + ~ + h + h + =--,--:-::-'-::----
28 28 I" I~ 77.465IgC'H 
recal llhat: 
C, I = 2.5ms l at At = ("'4)(0.400)' 
C" = ? ms l at A, = ("'4)(0.33656)' 
C" ., = ? ms l at A,., = ("'4)(0.33656 ' - 0. 121 ' ) - Bx 13151 tOOO' 
These values can then be detemlined from continuity of the mass flow: 
p = canst. 
Thus: A1Cxl = A)Cd ~ 
A I ex I = A 2_3C;I;2.3 
These results do not include the effects of friction losses and can therefore only be taken 
as estimates. 
If it were to be assumed that ex is constant throughout each stage then the equation 
becomes: 
C, 2 C, ' 52.636 
10+ - '-= 2+-'-+ O.B+ l.2 + == 
28 2g C" 
(7.7.4) 
exl = 8.773ms·1 
7.7.2 Determining the solidity 
The current design of blading has 0 incidence. The reason for this is that the statQr blades 
are not required to generate lift , only to change the direction of the fluid flow. Since the 
only two forces operating on the blade are turning of the flow and drag. it is possible to 
optimise drag such that it is at a minimum. The drag is seen to increase both above and 
below the optimal lift coefficient caused by flow around the leading edge and the 
corresponding momentum loss in the boundary layer. This means that the drag is a 
minimum at the optimum lift coefficient. Hoerner (1965) describes the optimum Ij ft 
coefficient as being: 
134 
C, = (10-> 12/ 
"1" e 
(7.7.5) 
for fluid flow which intercepts the nose smoothly. Then relating the flow as a function of 
[o:J, Hoerner (1965): 
Cl = 2n: sin(a+ 05y) 
where: a = angle of attack and 
r= angle of the trailing edge against the chord line of the arc 
Thus solving for 0:: 
(
10-> 12Jle) 
a= asin 21C - O.5r 
(7.7.6) 
(7.7.7) 
It should be noted at this point that the fie ratio may differ even though both f and c 
vary as a function of the radial location along the blade because the circular arc radius 
changes with the radius of the blade - or the blade aspect. 
Applying the values from the program directly to Eq (7.7. 7): 
. ( 10-> 12J l e) j aIPha1(i)) 
a= aslO 27l - 01. 2 (7.7.8) 
which yields the required values of 0.. These values, whether positive or negative would 
be tbe values added to the angles of incidence of the blade, essentially creating an offset 
to account for the flow deviation, for the purpose of optimum lift. 
Due to the magnitude of the flow deviations, it was assumed that they were negligib ly 
small and the folJowing applied: 
0" = 2 sinB (cosal ) 
f//~ cos r cos ~ 
where: Cl = chord to pitch ratio 
e = blade element deflection 
(X] = inlet angle ( assuming flow deviation = 0 ) 
(7.7.9) 
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(X2 :;:: outlet angle 
Y = slagger angle 
( assuming flow deviation:;:: 0 ) 
\IIz :;:: Zweifelloading coefficient :;:: 0.8 for minimum loss 
Since Eq (7.7.9) is defined for cascade geometry, [ g ] is typically measured in the plane. 
When applied to a rotor hub, the measurement would be taken according to an arc length. 
7.7.3 Characteristics of the diffuser 
The object of the diffuser is to create a negative pressure gradient at 3, see Figure A7.7. 
2, and hence increase the pressure difference from 1-3, which results in an increase in the 
work output. The typical BemouUi equation is: 
p V ' P V ' 
~ 3 ~ 4 -+-+z =-+-+z +/,-pg 2g 3 pg 2g , -H 
where: Z3:;:: 1.5 
Z4:;:: 0 
P..Jpg = 0 
(7.7.10) 
The function of the draft tube being to reconvert the kinetic energy into a flow energy, is 
achieved by a gradual expansion of the flow cross-section. Applying Bernoulli between 
the two ends of the draft tube shows that the action of the tube reduces the pressure at the 
draft tube inlet to below atmospheric. Thus increasing the effective head across the 
runner to the difference in elevation between head and tail water, less the losses. Hence 
from Eq (7.7. 10): 
P'J V32 V42 - = losses--- z +-
pg 2g 3 2g 
(7.7.11) 
Z3 becomes defined by cavi tation criteria. The value of Z3 determines the pressure at 3 and 
hence the cavitation index. 
The minimum pressure in a pump or turbine generally occurs along the convex side of 
the blades or near the low pressure side of the impeller. If [ e ] is the point of minimum 
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pressure, the energy equation applied between [ e ] and the downstream liquid surface 
can be written as: 
~ V,,2 ~ 
--+--+z:--+ O+O +h 
pg 2g , pg L 
where: Pa = atmospheric pressure 
Pe = absolute pressure at cavitation, Pe ;;;; Py 
P y ;;;; vapour pressure 
I V,,2 P" - p.. - pgz, + pghL 
a :---: 
2gH pgH 
;;;; ratio of avai lable energy at [ e ] to the total energy across the unit. 
(7.7.12) 
(7.7. 13) 
a' ;;;; a cri t for design phase, where a cril is determined from test data on a model tu rbine of 
homologous series and assume that hf is defined by Eq (7.7. 3). 
The worst case of cavitation occurs when the pressure recovery through the diffuser is at 
a minimum. This phenomenon is caused by the combination of the conversion of kinetic 
energy into potential energy and the associated losses. Analysis of Eq (7.7. 1 t ) shows that 
losses should be at a minimum in order to reduce P3 to its lowest possible value. 
For very small angles the d.iffuser is excessively long and most of the head loss is due to 
the wall shear stress as in fully developed fl ow. For moderate or large angles, the flow 
separates from the walls and the losses are mainly due to a dissipation of the kinetic 
energy of the jet leaving the small d.iameter pipe. As with many minor loss situations, it is 
not the viscous effects that directly cause the losses. Rather, it is the dissipation of kinetic 
energy as the fluid decelerates inefficiently. The loss may be quite different if the 
contraction or expansion is gradual. 
There is an optimal angle ( e = go for the case shown) for which the loss coefficient is a 
minimum. The relatively small angle for the minimum kL results in a long diffuser. The 
conditions illustrated in Figure A 7.7. 3 represent the typ ical results only, and the real 
fl ow through a diffuser may also be dependant on: 
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I) A2/Alratio 
2) Specific details of the geometry 





Figure A 7.7. 3 Loss coefficient for a sudden expansion, Munson (1990) 
7.7.4 Desi~n considerations 
Geometric similitude is required to use scaled models in designing turbo machines as 
well as geometrically similar velocity diagrams. At entry to and exit from the impeller, 
viscous effects must unfortunately be neglected as it is generally impossible to satisfy the 
two aforementioned conditions and have equal Reynolds Number in the model and 
prototype. Two geometrical ly similar units, having similar velocity vector diagrams are 
homologous and they will also have geometrically similar streamlines. 
The following analysis uses the Hill Curves. Warnick (1984). from Figure 2.4.2 to 
develop the relationship between the values of flow [ Qcu:i ], energy [ Ecu:i ] and power [ 
P lU'i ] coefficients. It was firstly determined that the turbine would operate in the region of 
90% efficiency and this yielded a range of the values for the coefficients: 
@ '700 = 89.9%: 
0.08 
Q .. = 0.04 
with: H = 12m; D = 0.33656m and 
0.073 




Since the values of head, diameter and power have been pre-set by the location of the 
turbine site. what remains is to detennine a suitable operating speed. Looking firstly at 
the energy coefficient: 
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aD= ~ gH 
E@ 




Then considering the power coefficient: 
And finally the flow coefficient 
1215 
1592 
Q 60 1565 Q 
Q.,.=-, 
wD 
=> rpm = 3 = 




Each of these coefficients yield a different value for the rpm, which shows that it will not 
be possible to satisfy the peak performance efficiency for each coefficient. Rather, it 
should be understood that a trade-off will exist between the coefficients and it is up to the 
des igner to determine which coefficient will take preference in the design. If these values 
are then cross-checked with the typical mechanical and hydraulic efficiencies and turning 
angle where: P = 40kW; H = 12m; Do = 0.33656m; 
with the number of blades = 8 
which implies a IOta] blade area of O.OI05m2 
40000 
Ql!.P= QJH= QX 98 10 x 12= 0.855 
Q = 0.3974m's ' 
The velocity can then be simply calcu lated from: 
Q 0.3974 
C = - = = 4517111s" , A 11: 
'4(0.33656' - 0.121' )+ 0.0105 
6 V, = Co, - C .... = Co, = C, lan(700) = 12.41I11s·' 
D;=0.12Im 
40000 , 




60 x 8538 
rplll = = 1347.6 
JrxO.121 
This check has shown that the value of rpm falls wi thin the range of both the energy and 
power coefficients and the value of rpm can be assumed to be within this range. 
If the design were to be approached from a best efficiency ratio, the design would 
proceed as foll ows at90% efficiency: 
Q.., = 0.058; 
And assuming: P = 40kW and D = 0.33656m 
60 40000 
rpm= 2Jr 1000x 0.33656' x 0.0032 = 1361rpIII 
E m' D' 0.06 x 142517' x 0.33656' 
optimal H = 4J<I = 8 = 14.07m 
g 9. I 
optimal Q = Q..,mD' = 0.058 x 142517 x 0.33656' = 0.3 I 5I11's- ' 
This means that the diameter of the turbine is a problem when attempting to design from 
a best-efficiency point of view. And since the diameter has already been set, it is 
necessary to consider the design from a different perspective. In order to determine the 
correct diameter when given only the power and the flow rate, the flow and power 
coefficients were combined to yield the following resu lt: 
Q Q 
QaxJ = --, 
wD 
=> 0)= 1 
Q", D 
and substituting this into the power coefficient: 
p p 
p - - ~--~.-
"'- pm' D' - J Q ) ' , 
'\ Q .. D' D 
to sol ve for: 
P~/pQ' 0.0032 x 1 000 x 05' 
D= 'l/-p"'Q..,~';-' =, 40000 x 0.058' = 0.4758111 
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which is the typical value of the runner diameter for the optimal power and flow 
coefficients. Considering that the existing diameter is 0.33656m, the optimal design of 
the larger diameter allows for more flow through the penstock and the potentiaJly lower 
values governing the velocity triangles wi ll lead to lower friction losses seen in the 
boundary layer flow . The larger diameter would also allow for a lower rpm, which would 
reduce the probability of cavitation occurring. 
However, the option of maintaining the flow rate at 0.5m3s· l , where the diameter is fixed 
at 0.33656m and assuming a rotational speed of 735 rpm - a speed assumed from typical 
values of similar turbines - then it is found that: 
Q .. =0.0193 
And checking this value against the Hill Curves, Warnick (1984), it is seen that an 
efficiency of 87% can still be attained. However, to remain within this range, the head 
should be within the limits of: 
0.095 
E", = 0.03 => 
6.4981>1 
and the power must correspondingly exist within: 





However, it is possible to develop higher power and apply higher heads, but with the 
effiCiency declining to approximately 110a = 70%. 
As discussed in section 3.9.2, the following equation. Brown (1970) tends to yield the 
best results with minimum losses: 
(7.7.17) 
in conjunction with the vaJues: 
D2 = 0.33656; n = 735rpm; Q" = 0.3297 
Q 115 ;;;; 0.2436 m3s-1 
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And substi tuted into: 
P = Q6.P = 0.3597x98 1OxlO = 32.373kW 
According to the Hill Curves, Warnick ( 1984): 
32373 
)
' = 0.0164 
I 000 x (: 735 x 0.33656' 
(7.7. 18) 
This power coefficient corresponds to an overall efficiency of approximately 80%. 
If D2 were fixed at a diameter of 0.33656m and Q were fixed at 0.5m3s· l : 
n" = 1114.8rpm 
n 115 = 1508rpm 
Whereby: 
P = Q6.P = QyH = 0.5x98 IOx IOxO.9 = 44.145kW 
P 44 145 
p.d = 'D' = ( ) ' = 0.00642 
PO) lOOO x :1 11 5 x 0.33656' 
This power coefficient corresponds to a maximum overall efficiency of approximately 
88%. Repeating the above step: 
P = Q6.P = QyH = 0.5x98 IOxlOxO.88 = 43.164kW 
P 43164 
P - -----~~~.------
... .:1 - palD5 - (2 )' 
lOOO x 6~ Ill S x 0.33656' 
0.0063 
But: P= Q6P= rizU,6C.rloo = rizU, (C., - C.,)lloo 
= 500x(1D<0.12Ix 1115/60)(C,tan(Ct))xO.88 
where: C, = Q I A = 0.5 1 (7tl4)(0.33656'.0.12 I')xO.9 = 7. 172ms l 
( 
P,0.88) a= a tan . U C = 59.6· 
m b ... 
(7.7.19) 
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The error with such a design is that the runner speed is too high. Typical propeller 
turb ines run in the region of 200 - 300rpm, although this may be increased; for smaller 
turbines in the microhydro turbine category, and furthennore should the diameter be 
reduced to below standard efficient diameters. The turning angle is with in the typical 
angle of 67°. It is not likely to result in local ised cavi tation at the trai ling edge of the in let 
guide vanes, which would reduce flow area and momentum and result in a loss in power. 
The problem with such high runner speeds is that the off-design running conditions cause 
high losses due to incoherence of the blade angle with the flow angle. As shown in Figure 
2.4.5, the efficiency can decrease by as much as 20% for a 30% decrease in the rated 
power. These losses are caused by shock loading of the runner blade increasing the 
likelihood of cavitation on the runner blade leading edge, particularly at the tip diameter. 
The corresponding flow and energy coefficients are: 
Q 05 
Q.,., = --, = 2 = 0.1123 
aD ( 6~ x 11 15) 0.33656' 
(7.7.20) 
gH 9.81x 10 _ 
E"" = , = , = 0.063) 
(aD) (2Jr ) 60 x 1I15 x 0.33656 
(7.7.21) 
The flow and energy coefficients show potential maximum efficiencies of 88% and 
89.5% respectively. According to the relation given by deSiervo and deLava, Wamick 
(1984). the diameter of the runner is given by: 
.fii 
D" = (66.76 + 0.1 36N, )-
11 
( 
I 1 1 s,J49.Os) .JlO 




The diameter as determined from the power and flow coefficients at maximum effic iency 
is given by: 
D=4 
0.0032 x 1000 X 053 
= , 43164 X 0.0583 = 0.4668111 (7.7. 23) 
Hence according to the above relations, the diameter is incorrectly proportioned to the 
flow rate and required power output. Should this diameter have been used, the runner 
speed would operate at a more conventional value as given by: 
- ] _3 :; r.1II {pt; 43164 0)- P",D' - 1000x 0.0032 x 0.4668' - 809 p (7.7. 24) 
This value of speed is shown to be suitable for the relationship of power and flow rate as 
well as the head of IOm. This combination of values should yield an overaJl efficiency of 
90%. 
The Hill Curves, Wamick (1984) have been developed according to hydroelectric 
schemes that are typically greater than l000kW. Due to the difference in the Reynolds 
Number's between model and prototype, the model turbine tends to have a lower 
efficiency than the prototype. However, in real situations it is found that no precise 
equality exists between the model and prototype with regard to the efficiency primarily 
due to the differences in boundary layer friction and turbulence effects. The fOHowing 
equation, Wamick (1984) attempts to give some relation: 
where: K = a coefficient shown to vary from 0.5 to 0.81 
Rm = Reynolds Number for the model turbine 
Rp = Reynolds Number for the prototype turbine 
(7.7.25) 
Figure A7.7. 4 shows the difference between a model and a full size turbine. To a limited 
extent this re lationship can be extended to two turbines of hydraulic similarity, such as 
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the model turbine and the prototype. The turbine under design construction IS thus 
considered as a model turbine having a lower efficiency than that rated by the turbine of 
hydraulic similartude as is given by the Hill Curves, Warnick (1984). 
:± ' I , . , 
. 11J1\~.::::----- · --='f-... _- --to . C '_ ..-.=t. __ -r --:-
I f _,-~o"tlE.\.. 1 ! , *~y _,- I ' -. -IJO-t----r -r . , 
$O .~~ 1,'/ , I : --$ ,1 , ' I- t :iJ • , 30 ;1- ._ .. , -i -I 
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Figure A7.7. 4 Efficiency curves or Frands turbine developing 6000hp at 116rpm, with a head or 49ft, 
Gibson (1922) 
Once the preliminary design of the hub and blades has been set, the design needs to be 
reviewed with respect to the design of the diffuser. The diffuser or draft tube cannot be 
considered or designed separately to the turbine. This is particularly important for low 
head systems, where the kinetic energy leaving the turbine is usual ly a large part of the 
total head available. Since the cavitation parameter is defined as the ratio of static to 
dynamic suction head, the turbine design and setting are determined by observing the 
pressure and velocity at the critical areas. Because the turning of the inlet guide vanes is 
below the standard turning angle it will be assumed that the reduction in pressure is 
minimal, hav ing resulted from the friction losses related to the Reynolds Number across 
the blades. 
The first method of turbine setting is according to the specific speed Ns as is the turbine 
capacity selection. Applying the fact that turbines of similar homologous series have 
similar geometric designs and hydraulic conditions, it is suffice to say that they shall have 
similar plant sigmas. The curves shown in Figure 2.4.8 have been plotted O.3m below lhe 
value at which cavi tation damage occurs al lowing for a reasonable safety margin, as 
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allowance for variation in atmospheric pressure and changes in head and/or tail water 
elevation. 
Using the equation. Warnick (1984): 
where: ha = atmospheric pressure head 
hv = vapour pressure head 
hs = difference in elevation 
h = Hncu 
a = cavitation coefficient 
(7.7.26) 
However. another experience curve is necessary to relate the turbine setting elevation. hs. 
to the centreline of the turbine distributor or in the case of the horizontal axis turbines, to 
the point at the top of the turbine runner, i.e. b= Y2 Do. 
The equations that follow were derived from Figure 3.9.8: 
h" = h. - h., = 9 .180m - 0.324m = 8.856m (7.7.27) 
(
41 11.") 
h, = h, - 011" = 8.856 - 50227 10= 5.003m (7.7.28) 
I 
z= h, + b= 5.003",+ "2°.33656= 5.1 72/1! (7.7.29) 
Diffusers designed at 8° in preference to 12° are typically smaller turbines having higher 
in let veloc ities into the diffuser and hence requ iring a higher pressure recovery or a 
longer di ffuser. 
Another method given by a turbine manufacturer as a general rule of thumb; the 
submergence of the centreline should be: 
z= -kD (7.7.30) 
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where: z = total suction head 
k = 0.5 at lam Hneu 
= 1.0 at 30m Hnell 
D ::;:; runner diameter 
From Eq (7.7.33) above, her ::;:; her (hs ) and Ns ::;:; Ns ( hs ), hence the equation is recalculated 
to convergence: 




h, = 8.856- 50227 15.172 = 5.343111 
repeating the above equations for the increased power available caused by the increase in 
head: 
P= QfH = 05x 9810 x 1 5.343 x 0.88= 66226W 
h, = 5.35246m ~ convergence 
The exact value of convergence turns out to be: 
h, = 5.353m 
The new value of the pressure differential across the penstock needs to be checked 
against the critical design condition, which is the limit of the load on the thrust bearing: 
7r 
F 0.1 MPa x "4X4OO' 
P = -= = 0.1 197MPa 
A 7r 33656' 
4 
which translates into 11.97m head. 
This pressure may still be marginally exceeded since the selection ofthe thrust bearing is 
based on Frunning ::;:; 2xFlheoretieal and increas ing the head to 15.4m will still maintain the 
rated thrust bearing capabilities within the des ign limit. But, the closer the head is to the 
safety faclOr design limit, the more likely the design is to fail upon overload of the system 
such as may occur with water hammer. Water hammer is associated with the controll ing 
or governing of the turbine which is outside the author's scope of research, but which 
remains a consideration of the design criteria. 
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T he limitation of the power is then checked against the abil ity to take power out of the 
flow : 
(
1rX O.l2 1x 111 5) 
p= li,U. l!.Cw = 500x 60 x {7.172 tan(a)} (7.7.31) 
P = Q')HT/oo = 05 x 98 10 x I 5.353 x 0.88 = 66270W (7.7.32) 
=> Cl= 69.08 0 
This value of (X remains within the typical values of the angle of the absolute velocity 
exiling from the in let guide vanes and is therefore acceptable. Hence the maximum power 
avai lable at Q=O.5m'.- ' and 10m supply head is given by Eq (7.7.24). 
A common procedure of another company is to chose a setting lower than hs by a safety 
margin given by: 
where: .6.0- = 0.1 for low specific speed turbines 
= 0.2 for high specific speed turbines 
=> 1l!.h,1 = 02 x 1 15.35~ = 3.0706111 
(7.7. 33) 
This change in hs is to account for the inaccuracies in manufacturing. Hence the final 
value of Hneu is: 
H~" = 15.353 - 3.0706 = 12.2824m 
7.7.5 Determining a suitable 1"0tOl" speed 
The increase in area of the draft tube needs to occur below a certain rate, to avoid 
boundary layer separation and hence eddy losses occurring within the tube. This results in 
an irrecoverable head loss in the draft tube. However, it is necessary to attain the 
maximum pressure recovery so as to gain a higher Hnen from the dynamic suction head. 
According to Brown (1970); "The best efficiency of a Kaplan or propeller lUrbine does 
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not occur with axial flow from the runner, but with a small swirl component in the same 
direc tion as the runner." 
The recovery of the dynamic suction head contributes to the overall head in the form of: 
V' ,
TlD 2g 
where 110 is the coefficient of recovery of the efficiency of the draft tube. 
K 2 5 10 15 20 30 40 50 60 70 
Circular Pipe K .20 .1 3 .18 .27 .43 .75 .9 1 1.05 1.12 1.1 2 
Recl. pipe K - .3 1 .18 .29 .48 .90 1.1 0 - - -




Figure A7.7. 5 Craduating the reduction in velocity, Gibson (1922) 
80 90 
1. 10 1.07 
- -
Consider Figure A7.7. 5, the losses are at a minimum when [k] is at a minimum and the 
change in VI and V2 tends to O. Even though the losses ~ 0 as VI and V2 ~ 0, the 
highest pressure recovery occurs as V2 ;;;;:) 0 and hence the efficiency of the draft tube is 
used to minimise the losses. This occurs as k~O and is found to occur between 5° and 
10°. Text supporting the minimum of [k] points out thar this angle is typically go. 
The correct form of the draft tube is more important for turbines having high specific 
speeds, since the dynamic suction head becomes an increased percentage of the overall 
pressure. The types of losses in a turbine are generated by: 
I ) partial recovery of the discharge velocity pressure head 
2) skin friction across the runner blades 
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3) eddies at the runner blade inlet and outlet 
4) water leakage past seals, and runner blade ti p 
5) friction losses in the bearings and shaft gland 
6) friction losses in the penstock. reducer and draft tube 
Only the first two losses are directly dependant on the runner, which must then be 
designed to obtain a minimum sum of the losses. The losses of I ) :::::) 0 as the absolute 
velocity at the runner exit decreases, which is achieved by having a large exit diameter. 
However, increasing the exit diameter results in an increase in blade area and decreases 
the ex it angles resulting in high skin friction losses and relati ve velocities. 
"The best compromise is reached when suitable exit angles are chosen, and practise 
indicates that this is so when the value of D~ n/Q lies between the values 85 and 115, 
depending 0 lhe finish of lhe blades and lhe efficiency of lhe draft tube." Brown (1970) 
Since the flow rate [ Q ] and diameter [ D2 ] have already been set by the available flow 
rate at the site and the partial fabrication of the reducer, pipe bend and bearing housing 
respectively, it remains then to determine the runner rpm. In practise, the runner rpm and 
[ Q ] should be set, with diameter D2 being the independent variable, but in this case 
runner rpm is taken as the dependant variable. From Eq (7.7. 17): 
85x Q 
nss = 3 = 111 5and 
D, 
115x Q 
n 1JS = 3 = 1508 
D, 
where: D2 = runner diameter [m] = 0.33656; 
Q = fl ow rale [rn's' ] = 0.5; 
It was determined to select the lowest possible rpm since high velocities through the 
runner cause high frict ion losses and may result in cavitation, since cavitation is a 
function of the static and dynamic pressures. 
Using Hill Curves, Wam ick (l984) to attempt to arrive at a similar ratio as that given 












The higher values obtained by the Hill Curves, Wamick (1984), show higher ratios of 
diameter D2 to flow rate Q for a fixed rpm. Where a large diameter exists, with a low 
flow rate, the power is based primarily on the static pressure head, rather than on high 
axial ve locities within the inlet guide vanes and runner. Examples from Table 3.3 show 
that the average head is 18.33m for many of the examples, which have close to the 
optimum power coefficient. It will be assumed that the ratio of D~ fl/Q =(85. 11 5] is more 
suited to the application of low head, high flow rate for which the power is derived from 
high ax ial velocities through the blades. This is the application of the turbine Lo be 
designed and the design method wiiJ not be adjusted. 
7.7.6 Cavitation 
It should be noted that as the head water or forebay water level rises and the tailwater 
lowers, a difference in the operating and design heads develops. This condition has to be 
accounted for in the design of the turbine setting. 
The occurrence of cavitation and its inception is usuaJly associated with an increase in 
noise vibration and loss of performance of the turbine. It is difficult to determine where 
the cavi tation starts because the vapour bubbles may grow rapidly and be washed 
downstream where they collapse and cause damage through pitting. It is not unusual to 
study and interpret cavitation by modelling and then relate the plant sigma to the loss in 
efficiency and power or to turbine coefficients such as unit power or unit discharge. In 
testing models, the usual coefficients against which plots of cavitation are developed, are: 
1) turbine efficiency 
2) power output 
3) unit discharge 
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Figure A7.7. 6 Vadous shapes or cavitation coefficient curves, • Warnick (1984) 
Criteria are developed from these plOIS that are used to develop turbine setting heights 
and to identi fy allowable values of the plant sigma [ 0" ] . Figure A 7.7. 6 illustrates the 
curves which characterise the different graphs associated with turbine testing. Indicated, 
is the method by which the alJowable plant sigma is determined by setting an admiss ible 
change in sigma that must be added to the critical sigma [ Ocr J, which is typically the 
cavi tation coefficient where the efficiency has decreased by 1%. 
In most instances, the variation in the plant sigma gives a greater change in the turbine 
efficiency for tests on models than that which occurs in the prototype units. Hence the 
cavitation iden tified in the model tests wiJJ usually be greater than what can occur in 
homologous prototype units. 
7.7.6.1 Control of cavitation 
There are several ways of controlling cavitation. The most effective being the control of 
the setting of the runner so that the pressure and velocity at the cri tical areas in the system 
do not al low for excessive cavitation to occur. The turbine setting is not simply a function 
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of dimensions, but may include and element of economics as it is important to consider 
the design costs of how high above or far below the tail water to set the turbine. The costs 
are incurred when attempting excavations or concrete pylons in order to accommodate 
the turbine dynamics. In some cases, it has been economically viable to allow some 
cavitation, using a material more resistant (Q cavitation pitting, or to repair the damage in 
preference to selecting the correct setting. 
Machines of typically high specific speed are limited to low heads because of cavitation 
but it can be prevented by keeping the turbine setting within the limit of Hs as given by: 
H J 5; HB - CfeH (7.7.34) 
where: Ha = height of barometric water column; 
<Je = critical sigma; 
H = head 
Because <Je is dependent on the dynamic suction head, a decrease in the runner diameter 
must correspond to a lowering of the turbine setting due to the increase in the draft tube 
inlet velocity causing higher losses and reducing the pressure recovery. 
In some cases, the blades themselves are coated with a resistant layer to prevent corrosion 
of the blades, or fins are added to the turbine blade tip to reduce the velocity causing 
cavitation. Furthermore, a thin layer of hydrogen could also be used to stop pitting. 
An indirect des ign compensation can be applied by the selection of the runner speed. An 
increase in the speed of the runner results in smaller diameters and a corresponding 
increase in the velocities through the turbine stator and rotor, which may however cause 
an increase in cavitation potential. In order to compensate for this, it will be necessary to 
set the turbine lower with respect to the tai lwater. Thus determining the correct turbine 
setting is an important and complex problem relating to several levels of design and 
operation. 
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This point is particu larly important when considering that an analysis, applying the 
existing design variables of P = 40kW. Q = O.5m3s·1 and Do = O.33656m, showed that Do 
was too small when compared to the values coherent with high efficiency turbines. This 
is likely to increase the potential for cavitation due to the high water velocities in the 
nmner. Since at this stage in the design when much of the turbine has already been 
designed and manufactured, it is not possible to change the power, flow rate or tip 
diameter. The only remaining design parameter is the turbine setting or the choice of hs 
where hs = the difference between the minimum tail water and the cavitation reference 
point of the outflow from the turbine. 
Due to the inconsistency of the diameter in relation to the power and flow rate as given 
by the Hill Curves, Wamick (1984), it will be expected that the design of the draft tube 
will also follow a non-standardised construction. This is expected to entail a shorter draft 
tube and since large angles induce high losses, much of the velocity potential leaving the 
draft tube wi ll be irrecoverable. Standard construction of the draft tube is shown in Figure 
2.4.9. The values which would normally be applied are D = 0.33656, 2D = 0.67312 and 
4D = l.34624m, in comparison to the standardised values of D = 0.4758, 2D = 0.9516 
and 4D = 1.9032. 
The pressure recovery in the draft tube can occur gradually, i.e. a gradual increase in 
cross-sectional area, otherwise a poor 110 develops due to the dead water and back fl ows, 
such as separation and eddies. The cross-sectional increase such that the flow 
irregularities have minimal effect must satisfy the general rule of: 
0.121 (.fA, - ..fA; ( 0.21 (7.7.35) 
Applying this to a simple conical shape of circular cross-section with included angle 0, 
Ihe relat ionship develops as follows: 
4' ( 0 ( 8" (7.7. 36) 
For the turbine with a horizontal axis shaft, a bend is required immediately after the 
turbine caus ing poor recovery of the velocity head and further constricting the angle o. 
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The bend also causes non-symmetric now at the runner exit further reducing turbine 
efficiency. 
Applying the information shown in Figure 3.9.2, the head at full load output is used in 
selecting the value of the constant C. Hence for an initial guess, using the supply head of 
H = 10m: 
(
0.33656)' 
P = x 0.7457 x 0.88 = 42.1 38kW 
0.042 
D, 0.33656 
C = 0.042 = re::- = 
"h.p. 1 I ~ 0.7457 0.88 x Px --
The corresponding ns at 10m head is 690: 
N.[ii 




The values obtained herewith have been used as a check against the values first obtained. 
Tt is thus assumed that the initial values are correct and they shall be used for the design. 
Figure 3.9.3 gives the values of cavitation versus head. Using this graph, the value of Hs 
is determined as follows: 
H , = H B - (UH + H , + H,) 
where: 0 = cavitation coefficient 
Ho = barometric pressure at runner elevation [m] 
H = net head [mJ 
H y = vapour pressure of water [m] 
HI = 0.50 for horizontal shaft units. 
Applying the above equation with the values of 0 obtained from Figure 3.9.3: 
O JOm = 1.0; O" 12m = 0.9 and Ol 4m = 0.77 
=> H, = 9.810 - ( a (lO) + 0.324 + 0.5(0.33656)) = 9.310 - IOcr 
(7.7. 40) 
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If it is assumed that H is not a function of Hs then: 
H, = 9.310 - I O( 1.0) = -0.690m 
And if it is assumed that H is a function of Hs. whereby cr is also a function of Hs then: 
at Hs "" 4: H,=9.310- 14xO.77 = 1.61m 
From practical application. it has been shown that each turbine has a narrower best 
maximum efficiency than general ly shown in Figure 3.9.5. The very large values of ns 
attainable with Kaplan and propeller turbines depends on high recovery in the draft tube 
of the velocity head and extremely high specific speeds are attainable only with some 
sacrifice in efficiency. 
The exit diameter of all reaction turbines is related to the speed by: 
DVQ ;coflstant 
and from this it is possible to calculate: 
ci ( )'/l 1)D --:: 3.6x 10-4 lis = dynamic suction 
2gH 
(7.7.4t) 
Figure 3.9.7 shows the function of ns. From experimental data. safe values of 
kW.' - '-
2gH 
follow the law: 
kW.' ( )'/l - '-:: 4.0x 10-6 n
J 
= depression at back of vane 
2gH 
(7.7. 42) 
And values of this quantity have been shown in order to give the curve of permissible cr. 
Il can be seen how rapidly cr increases with ns. and thus correspond,ingly its importance at 
high specific speeds. [ k ] is dependant on the type of turbine and its design. since it is 
dependant on the specific loading of the runner blades, their curvatures and the ralio of 
chord to pitch. Applying the above information to solve for the expected draft tube 
efficiency from Eq(7.7. 41): 
_ 2x 32.174 x 30 .... ( 1115~43.164!O.7457)'/l _ 
1)D = ( )' 3.6x 10 30¥' = 73% 7.172 x 3 
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Ca1culating the value of the draft tube effic iency including the calculated value of hs in 
the head: 
_ 2 x 32.174 x (12.3x 3) -4( 111 5,143.164/ 0.7457 ) '" _ 
TlD = ( )' 3.6 x 10 ( )~' = 59% 7.1 72 x 3 12.3 x 3 
Hence the draft tube efficiency will be highest at the l2.3m head. 
The efficiency was then recalculated using the Jargest possible value of hs = 5.352m: 
. _ 2 x 32.174 x (15.352 x 3) -4( I I I 5,105 x 9.8 1 x 15.352/ 0.7457 ) '" _ 
TlD = ( )' 3.6x 10 ( )~' = 74% 7.172 x 3 15.352 x 3 
The values determined in the draft tube efficiency calculations are all possible when 
looking at the hydraulic power, Eq (7.7. 31), since the values of axial velocity and inlet 
guide vane angle are all within the limits. It remains however that the cavi tation 
parameter remain below its allowable limit and hence the draft tube will be set at 2.3m 
with an expected recovery coefficient of 98%. For the purposes of testing the design the 
effects of lengthening the draft tube, to its full, calculated length of S.352m, should be 
measured. However, it must be borne in mind that the mechanical design of the turbine 
components are limited to a maximum of 26kN of axial thrust, which translates into: 
F 26000 
p= - = = o 2923MPa 
A : x 0.33656' . 
or equivalently 29.23m head. 
Since it is unlikely that the axial thrust will be exceeded because the calculations of the 
cavitation parameter show that cavitation will occur at approximately half this value, the 
limitation on head is then assumed to come from the radial bearings: 
P= 05 x 9810 x 15.352 = 75.302klV 
From the calculations for the chain pull yield.ing the associated radial load: 
Chain velocity: 
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NI/P.C. 38x 1115x 25.4 I 
v = 60000 = 60000 = 17.93I11s- (7.7.43) 
Chain pull: 
P 75302 
T=-= = 4200N 
v 17.93 
(7.7.44) 
This value of radial load is lower than the previously calculated value of 5.526kN and 
hence the radial loading of the bearings will not be exceeded. Since the loading of both 
the axial and radial bearings shall not be exceeded, it remains only to check the loading 
of the shaft: 
d=[ 32;F (¥e)'. (~r r 
=[32 X2 (1.8X4200X26) ' +(1.4X645032) ' ]X 
;r 425 680 
=30.6mm 
The shaft diameter is also smaller than the current rated diameter and will therefore not 
be subject to faiJure. Since the shaft is designed to 26kN "'" 30m head, it will most 
definitely not fail should the head be increased to 15.352m. 
It remains hereafter to check the limit on the rotational speed of the bearings, since thrust 
bearings are particularly susceptible to speed limitations. The thrust bearing is limited to 
I lOOrpm in grease and J700rpm in oil and of the radial bearings, the limitations are 
shown n the following calculations. 
3years " 26 280hrs 
= 500 fh' 




where: C ; 52 500N 
p ; 390x 4200 
320 
f, ; (0.03n)""' 
"'" n ; 684rpm 
Hence the limiting speed for a 3year bearing life is 684rpm. However, if the bearing is to 
be run at the calculated velocity of I11Srpm, then expected life of the bearings is: 
f,; (0.03)"'13 ; 0.3 10 
C 
/. ;/'p ;3.183 
L,,; 500f,'; 16 1 18.3hrs " I year and 10 months 
Hence the only design factor that needs to be taken into consideration when increas ing 
the power to 75.3kW. is the decrease in the bearing life of the radial bearings, from 3 
years to just short of 2 years. 
7.8 Programming for blade development 
7.8.1 Stator and rotor blade geometry 
This file determines the blade geometry' s for both the stator and rotor blades, from the 
initial conditions taken from a specific site. This is achieved per segment by firstly 
dividing the blade into an equal number of areas. 
7.8.2 Plotting the camber line 
This flIe uses the values calculated on the previous file to generate the [x y] co-ordinates 
of the circular arc camber line. The program is defined for circular arc profiles onl y. 
7.8.3 Circular arc hub and tip caps 
The purpose of having such a file is to cap both the top and bottom of the blades. The 
reason for doing this was to initialise the programming of the blade shape for the CNC 
machining process. One design problem that was not overcome due to a change in plan 
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was to erase the area common to both the cap and the hub and tip profile. The necessity 
to do this was based on the machining process cUlting around the profile at the hub and 
tip. and not between its caps. 
7.8.4 Defining the solidity 
Before the file containing the [x y] data points for the profile could be used, it was 
necessary to change the size of the trailing edge radius. This was to be implemented 
primari ly to suit the necessity of machining the thin edge. The rounding of the radius was 
not implemented without the consideration of the flu id fl ow dynamics surrounding the 
trailing edge. The radius was determined according (Q a suitab le profile thickness, which 
when rounded, remained tangent to the circular arc joining the two sides of the profile. 
7.8.5 Developing the projected and interpolated points 
This file defines the (x y] co-ordinates in single z-planes by means of projection and 
interpolation. However, it does need to be run in parts, because some points are 
interpolated and some points are projected. The mathematics of which are dependant on 
the "layers" in the immediate vicinity 
7.8.6 Plotting the fignres 
This file plols all Ihe figures produced by the program, from simple velocity vector 
diagrams to 3-D plots of the blade shapes. 
7.8.7 Designing the diffuser 
The purpose of this file is to determine the length of the diffuser as a function of the 
losses, rotor exit velocity and pressure. 
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7.9 Manufacturing Procedure 
7.9.1 Job schedule task list 
The fo llowing is a manufacturing procedure that covers (he fabrication of the turbine. It is 
a list of the components involved in the building of the turbine and does not include the 
procedures required for fabrication for the ind ividual components. The list is typically 
aimed at the artisan who produces the components with the purpose of providing a list of 
tasks for building the water turbine. 
I) Reducer welding of flanges ( 2 of) 
weld in pressure gauges 
2) Elbow cut 740 angle 
bore stuffing box housing hole 
welding of flanges ( 2 of ) to occur after welding of stuffing box 
and before welding of the bearing housing 
weld in the curtain plate 
3) Machine shaft according to drawing 3 
4) Manufacture the spider to be used to determine the approximate centrality once 
having checked the "trueness" of the shaft. 




Weld the stuffing box housing to the elbow using 
the spider 
The shaft length must be long enough to enable the alignment of the stuffing box 
housing during welding. 
A hole for the water bleeder nipple is required in the side of the stuffing box housing . 
It is necessary from a manufacturing viewpoint to machine this hole before the 
bearing housing is welded to the elbow. 
6) Stuffing box weld stainless washer into sleeve 
weld on flange 
cut lubrication holes 
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6) Bearing hous ing 
machine lantern ring: this will have to be to non-standard 
sizes since the diameter of the shaft is not su ited to existing 
sizes. A simple interpolation between the standard sizes 
yields a sufficiently accurate result 
cut involute 
CU[ windows 
mark and drill the castellated plates for the pillow blocks 
align castellated plates and weld into housing using the 
correct spacers 
weld onto elbow 
weld on nange for belt-guard mounting 
7) Take out the parts which are detachable and send the skeleton out to be galvanised 
8) Thrust bearing housing develop according to drawing 16 
9) Cut rotor hub 
10) CUI stator hub 
11) Develop blades 
develop according to drawing 6 
develop according to drawing 4 
write program 
convert resu}(s to 20 and outsource for cutting of profiles 
stack profiles to make master pattern 
place into a coffer dam and pour in silicon 
cut the master pattern out and make ( 11 +2) stator waxes 
and (10+2) rotor waxes 
form waxes into a tree for centrifugal casting 
place into another coffer dam and pour investment 
melt wax out (at 150°C for 3hrs and at250°C for I hr) 
place cold investment into centrifuge 
pour bronze with centrifuge rotating at ± IOOrpm 
clean blades and prepare for assembly with the respective 
hubs 
It was in itially considered that the djmensions o f the profile hub would be projected onto 
the inner wal l of the reducer. There was a minor problem with the variation in the 
tolerance between the blade tip and the reducer, amounting to a 1.6% variation. In 
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preference lO producing another "washer" that would act as a fill, it was decided that the 
blades would be made to suit the shape of the ellipse. 
12a) Additional weld flanges lO nozzle 
weld in pressure gauge mounts 
12b) weld elbow cut-off to diffuser 
weld flanges to diffuser outlet and tbe inlet to the 
intermediate piece 
13) Assemble components and test on site 
14) Assemble the entire turbine, fitting: shaft, bearings, pulley for drive shaft and the 
stuffing box with packing, lantern ring and squeezer. 
15) Develop the main frame onto which the pump system is to be mounted according to 
drawing 9 
16) Mount the pump 
17) Mount the pulley 
18) Insert the rotor and stator 









400 ( 2 of); 350( 6 of) & 250 ( I of) NIB [SABS 1123 T6oo13] 
400-350 [Sched. STD] ( I of) 
350NIB, 90°, long radius Sched. STD ( I of) 
4tOx340x to ( 1 of) 
En 57, 1.6mx70mm diameter ( I of) 
thrust collar En 8, 0.0. 11 0, 1.0. 60, t 20 ( I of) 
blade billets 170x I oox30 ( 11 of) 
nose cone 0.0. 125,1.0. 60,Iength 120 ( I of) 
rubber bearing 0.0.75,1.0.50, length 100 ( I of) 
blade billets 170xloox60 ( 10 of) 
hub 0.0.125, 1.0. 80, length 100 (I of) 
taper lock and key 0.0.85.5,1.0.50 ( I of each) 
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8) Bearing tube: 250 NIB Sched. STD length I m ( I of) 
profile cut castellated plates - 16mrn thick ( 2 of) 
25 mm thick ( lof) 
radial bearings square flange type 57.5kN loading ( 2 of) 
thrust bearing single direction type 234kN loading ( I of) 
thrust bearing housing & grease nipple 
thrust bearing pre-Ioad spring 850N 
9) Stuffing Box Housing: tube 0.0. 89, LD. 78, length 145 ( I of) 
profile cut flange - 15rnm thickness ( I of) 
stuffing box tube sls 0.0. 76, 1.5rnm wall length 74 ( I of) 
profile cut stuffing box flange sls 5mm thickness ( 1 of) 
gland squeezer STD unit 45 ( I of) 
lantern ring & flushing for 1. 0. 50 (2 of each) 
stuffing box packing for 70nun working length at 50 I.D. 
H.P. tubing 8rnm diam. 1.5m length ( I of) 
male fittings & clannps ( 2 of each ) 
10) Pressure gauges: 63rnm face: 0 - 250kPa ( 2 of); 0 - - I OOkPa ( I of) 
11 ) Framework: I 27x64x4rn channel ( I of); 76x38x lrn channel ( I of) 
70x6x I m flat bar ( I of) 
12) Lifting lugs: total weight 420kg assuming a S.F. of2 
13) Nuts & bolts: all nuts and bolts to be of the galvanized type 
- M20x70 ( 40 of) + washers ( 80 of) 
- M 12x50 bolt only ( 2 of) + washers ( 2 of) 
- M6x25 cap screw + spring & flat washers ( 2 of each) 
- M4x30 cap screw + spring & flat washers ( 4 of each) 
- MI6x80 ( 12 of) + washers (24 of) 
- MI6x30 ( 4 of) + washers (8 of) 
- M 10: 830 shank, 100 thread, 368 clc 
1000 shank, 100 thread, straight 
370 shank, 80 thread, 320 clc & M 10 nuts ( 6 of) 
164 
The above mentioned nuts and bolts were purchased from Boltfix, but the following were 
purchased from SA fastners: 
M24x I 00 bolts wi lh nuls ( 16 of) 
and washers (32 01) 
Ml8xlOObollSwilhnuls( 12 0f) 
and washers ( 24 of) 
14) If it were preferred that the PTO is operated using a pulley system rather than chains, 
then the following should be ordered: 
pulleys ( 2 off) 
laper lock ( 2 off) 




This is assuming a service factor of 1.3 with a centre to centre distance of 505mm; a 
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I. Turbine in operating environment 
2. Nozzle 
3. Drive Shaft 
4. Slator nose cone 
5. Slator mounting 
6. Rotor hub 
7. Rotor mounting 
8. Pressure gauge mountings 
9. Main support framework 
10. Curtain plate 
It . Bend fabrication 
12. Bearing pedestal 
13. Castellated plate 
14. Stuffing box (cylinder and flange) 
J 5. Stuffing box housing 
16. Thrust bearing housing 
17. Thrust bearing pre-Ioad spring system 
18. Di ffuser 
19. Diffuser flange 
20. Stator with housing 
2 I. Whole assembly 
22. Standard bearing assembly (pump bearing) 
23. Standard bearing assembly (custom bearing housing) 
24. Interpolated dimensioned lantern ring and slinger ring 
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